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ABSTRACT
Many structural acoustic and vibration designs rely extensively on materials that
are light-weight, stiff, and highly damped. Advanced materials such as metallic foams
can be engineered to achieve these properties in order to control sound and vibration
for a variety of aerospace, maritime, and ground transportation applications.
In this work, the structural and acoustic properties of commercially available and
digitally designed metallic foams are analyzed through numerical and experimental
methods. Furthermore as a post-manufacturing process, metallic foams can be engi-
neered in order to preferentially alter the microstructure and achieve material prop-
erty enhancements. In this work, the following engineering methods are proposed and
investigated: plastic deformation and material saturation.
When a metallic foam is plastically deformed, the foam’s porosity and pore shape
are dramatically altered. This transformation in microstructure can lead directly to
changes in bulk properties. In this work, a method for triaxial hydrostatic compres-
sion of metallic foams is proposed and demonstrated experimentally. The structural
properties of transformed foams are tested using a load cell with digital image correla-
v
tion. Transformed foams exhibit higher compliance, higher toughness, and a reduced
Poisson ratio. Measurement and analysis of acoustic properties indicate that the
transformed foams can absorb significantly more sound than the conventional sam-
ples of equal thickness in the test range of 0.25 – 4.50 kHz.
Due to their open-cell microstructure, metallic foams can be filled with saturating
materials. In this work, metallic foams saturated with viscous liquids are investi-
gated for reducing vibration transmissibility in a structure. For the best performing
saturated foam subject to a transient excitation, an order of magnitude increase in
damping ratio is measured. Additionally, a composite foam (consisting of metallic
foam saturated with polyurethane foam) is fabricated to enhance acoustic properties.
For the best performing composite foam at normal incidence, the sound absorption
coefficient is improved by a factor of 6 near 0.60 kHz and by a factor of 2 up to
4.50 kHz.
Lastly, two methods for estimating acoustic absorption in metallic foams are pre-
sented which utilize finite element analysis and boundary layer theory. The proposed
methods are discussed for commercially available foams as well as for representative
digital designs. Limitations and assumptions of the methods pertaining to size scales
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Materials that are light-weight, stiff, and highly damped are essential for many me-
chanical designs. Advanced materials such as metallic foams can be engineered to
achieve these properties in order to control sound and vibration for a variety of
aerospace, maritime, and ground transportation applications. For example, metal-
lic foams may find wide use as a component in automotive bumpers, due to the
reduced mass and ability to absorb impact energy during plastic collapse. Alterna-
tively, metallic foams could find use in jet turbine or fan liners, to absorb acoustic
energy while maintaining thermal stability. Use of metallic foams for the aforemen-
tioned multi-functional applications requires a knowledge of the material properties
which may change dramatically over frequency and temperature.
Currently, there are several commercial manufacturers of metallic foams; however
limited technical data and material specifications are available from these manufac-
turers. This research is motivated by the desire to understand and predict material
properties of both commercial and engineered metallic foams. “Engineered” metallic
foams in this work refers to either a purposeful design of the microstructure prior
to manufacturing or a post-manufacturing process to enhance the properties of the
foam. This work will leverage both concepts by investigating engineering methods
on commercially available metallic foams (which contain a randomized microstruc-
ture) as well as by investigating the design of the foam’s microstructure which may
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be specially fabricated by techniques such as 3D printing. The following engineer-
ing methods are proposed as methods to preferentially alter a metallic foam after
fabrication: plastic deformation and material saturation. A goal of this work is to
expand the design space for industrial designers and materials engineers by exploring
enhancements in materials properties for engineered foams compared to conventional
foams.
1.2 Overview and Significance of this Thesis
The body of this work is divided into four main chapters. In Chapter 2, the stiffness
and mass properties of metallic foams are investigated. Digital designs of foams are
presented and analyzed for effective static elastic properties such as elastic modulus
and Poisson ratio. Additionally, high fidelity models of commercially available foams
are constructed from micro-computed tomography. Implications of the foam proper-
ties such as pores per inch, porosity, host metal, and strut density are examined. As
a result, it is observed that the most efficient foams in terms of stiffness-to-weight
ratio are those with hollow strut cross sections.
In Chapter 3, an engineering method for triaxial hydrostatic compression of metal-
lic foam is presented to preferentially alter the foam’s microstructure. The method is
demonstrated on an assortment of open-cell aluminum foams with varying pore size
and porosity. Measurements of acoustic absorption indicate that the compressed sam-
ples absorb significantly more sound than the conventional samples of equal thickness
in the test range from 0.25 – 4.50 kHz. An analysis is presented which links the mi-
crostructure properties of compressed foam samples to conventional samples, thereby
providing a means to estimate acoustic absorption trends for compressed samples
through use of existing models. Additionally, hydrostatically compressed foams are
prepared and tested mechanically to evaluate bulk mechanical properties utilizing a
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load cell and digital image correlation. The hydrostatically deformed foam exhibits
higher compliance, higher toughness, and a reduced Poisson ratio.
In Chapter 4, a composite foam consisting of open-cell metallic foam embedded
with polyurethane foam is fabricated and evaluated for sound absorbing properties.
The best performing composite foam increased the sound absorption by a factor of 6
(from 0.1 – 0.6) in the low frequency test range near 0.6 kHz and by a factor of 2 (from
0.2 – 0.4) in the frequency range up to 4.50 kHz, compared to the original metallic
foam. A lumped element model is used to predict and elucidate the absorption mech-
anisms for the composite, as well as for pure metallic foam and pure polyurethane
foam. The model gives insight into the physical mechanisms that control acoustic
absorption, including thermo-viscous effects at pore interfaces, structural damping
effects due to foam elasticity, and coupling effects due to the interaction of air, metal,
and polyurethane in the composite. Additionally, a simplified two parameter model is
used to elucidate acoustic absorption trends for composite foams. The developed com-
posite foams are advantageous for engineering and architectural applications where
combined high stiffness and sound absorption are required. Furthermore in Chapter
4, experimental investigations of vibration damping of metallic foams saturated by
viscous liquids are described for both steady state and transient experiments. Re-
sults are presented for metallic foam that was saturated with petroleum jelly, which
increased the damping ratio by an order of magnitude in a transient ring down ex-
periment.
Lastly in Chapter 5, a method for estimating acoustic absorption in foams is pre-
sented using a combination of micro-computed tomography, finite element analysis,
and boundary layer loss theory. In the method, the foam is assumed to be rigid-
framed and the viscous and thermal boundary layers at the fluid and frame interface
are assumed to be small compared to foam dimensions. The boundary layer losses
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are approximated using an infinite planar model. The method is demonstrated for
a commercially available open-cell metallic foam and allows for absorption to be es-
timated without determination of any intermediate variables that are required in
existing methods. Enhancement of sound absorbing properties by selection of foam
properties, such as porosity and pores per inch, is discussed. Furthermore, predicted
absorption trends agree with other published models and experimental data. A simpli-
fied, two-dimensional geometry is presented in which the assumptions of this method
are analyzed.
A second method for estimating acoustic absorption is also presented and discussed
in Chapter 5. This method uses thermal and viscous boundary layers terms repre-
sented as acoustic boundary conditions to the Helmholtz equation for the acoustic
pressure. The method is proposed for rigid-framed porous materials, where vibration
of the frame is negligible compared to pressure fluctuations in air. The computational
efficiency of the method is shown to improve by two orders of magnitude compared
to a thermoviscous acoustic solver. Furthermore the method is shown to be highly
accurate over geometrical features and frequencies of interest, as long as thermal and
viscous boundary layers do not overlap and the effects of sharp changes in curvature
are negligible. The method is demonstrated for a periodic sound absorber from the
literature as well as a sound absorber with a randomly graded microstructure. Both
methods discussed in this chapter are advantageous for analyzing acoustic absorption
of metallic foams as well as optimizing geometrical placement for digitally designed
foams.
1.3 Most Relevant Literature
This chapter will conclude with a summary of the most relevant literature pertaining
to this work. This summary is meant to be concise, a more in depth review will be
5
given in each subsequent chapter.
Fabrication and Bulk Mechanical Properties An excellent review of metal-
lic foam manufacturing methods has been recently written [3]. Essentially there are
four families of techniques that have been utilized depending on the state of the
metal: metal vapor, liquid metal, powdered metal, and metal ions. Knowledge of the
manufacturing techniques are important for considering design limitations, ranges of
available material properties, and production costs. The predominant foam studied
in this work is an open-cell foam sold by ERG Aerospace Corp. Although the man-
ufacturing method is proprietary, it is believed to be an investment casting process
that uses a polyurethane foam precursor [3]. Additional manufacturing methods as
well as an extensive list of commercial metallic foam suppliers is given in [4].
The properties of metallic foams and other cellular solids has been studied ex-
tensively and compiled in a well-known textbook on cellular solids [5]. The single
most important mass property of a foam is its relative density, or the ratio of the
foam density to the solid (host material) density. The relative density along with
the structure of the foam (open-cell versus closed-cell) can be used to derive scaling
laws which predict the bulk mechanical properties of foams. While the deformation
of most common foams is dominated by beam bending, topologies can be designed to
promote beam stretching as the dominating mechanism [6]. An analysis is presented
in [7] for which contributions of beam bending, twisting, and extension are all consid-
ered for periodic unit cell. For pure bending, the stiffness is related to the density by
a power exponent of 2, inclusion of the additional terms reduced the power exponent
by less than 5%.
Plastic Deformation Metallic foams can be plastically deformed if the local
stress exceeds the yield stress of the host material. The precise application of plas-
tic strain to metallic foams, especially open-cell, has been shown in the literature
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to yield dramatically different materials properties compared to conventional foams.
The pioneering work in this topic was done by Lakes, who proposed a method of trans-
forming open-cell metallic foams by plastic deformation to achieve a negative Poisson
ratio [8], [9]. The plastic deformation aims to buckle struts of the foam to transform
the pore shape from an outward oval to an inward, buckling re-entrant shape. This is
usually achieved for volume compression ratios greater than 2. Currently in the litera-
ture, the method for applying plastic deformation is through incremental, orthogonal,
plastic strain using a vise. This method has a couple of disadvantages. First, it is
very time consuming, as one side must be compressed at a time. Second, foam sam-
ples tend to shear during uniaxial compression, which causes distorted deformation
and may limit effects of altering material properties. In addition to negative Poisson
ratio, transformed metallic foams have been shown to have superior shear strength,
crack resistance, and fracture toughness [10], [11].
Saturating Materials Through additional manufacturing processes, open-cell
foams can be saturated with filler materials to dramatically change the material
properties. For soft rubber foams, air saturation has been shown to add vibration
damping to the foam due friction arising from forcing air through the pores [12], [13].
Viscous liquids such as silicone oil have also been saturated into soft foams [14] and
have shown agreement to theory presented in [13]. To the author’s knowledge, there
has not been an investigation into vibration damping of fluid saturated metallic foams.
For acoustic absorption underwater, there has been some research into saturating
porous materials with fluids other than air. Xu et. al [15] presented a silicon carbide
foam saturated with silicone oil that had an experimentally measured absorption
coefficient (measured in a water impedance tube) greater than 0.7 in the frequency
range of 0.5 – 4.0 kHz. Additionally Wang [16] presented a set of non-dimensional
analyses and numerical results to indicate that porous metal absorbers filled with a
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viscous fluid and backed with a cavity could be efficient sound absorbers in water.
Metallic foams have been filled with viscoelastic materials by processes where a
liquid is poured into the pores of the foam and allowed to cure. For both a randomized
metallic foam [17] and a periodic lattice structure [18], a silicate rubber filler increased
the foams energy absorption capacity compared to the original metallic foam when
subject to quasi-static compression. A further set of experiments showed that metallic
foams embedded with rubber increased the dynamic stiffness by 26.4% and the loss
factor by 28.1% for a forcing frequency of up to 2 Hz [19].
Acoustic Absorption The acoustic performance of metallic foams depends
highly on the microstructure. The acoustic losses arise from thermal and viscous
boundary layer effects near the interface of the air and the metal. For acoustic exci-
tation in air, metallic foams can be considered rigid due to the high stiffness of the
metal compared to air [1]. An excellent textbook was written by Allard and Atalla [20]
which includes modeling methods applicable to metallic foams such as rigid-framed
models, multilayered absorbers, and poroelastic finite element methods. Experimen-
tal measurements have been used to characterize sound absorption in both open-cell
and closed-cell foams. In general, open-cell foams have superior sound absorption be-
cause they allow propagation of the acoustic wave further into the material, whereas
much of the energy is purely reflected for closed-cell foams [21], [22].
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Chapter 2
Bulk Mechanical Properties of Open-cell
Metallic Foams
2.1 Digital Designs from Computer Graphics
This chapter begins with a discussion of mass density and structural elastic properties
of open-cell metallic foams. Background on microstructure features and definitions of
some important foam vocabulary will be given. Furthermore, this section describes
the use of 3D computer graphics as a tool for designing the microstructure of metallic
foams. Resulting designs can be imported into finite element software in order to
determine effective static material properties. This approach is advantageous because
it allows for rapid design iteration of complex topological structures and variation of
foam properties such as relative density.
2.1.1 Introduction
A typical commercially available metallic foam is shown in Figure 2·1. This foam
exhibits a characteristic topology of voids and thin beam-like metallic structures
called struts. The vertex location where multiple struts merge together is known as
a node. This is an open cell foam, meaning that the cells are inter-connected and as
a result, fluid may flow through the entire network of pores.
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Figure 2·1: An open-cell aluminum foam, 20 PPI and 90% porosity,
manufactured by ERG Aerospace Corp.
The void fraction φ is the ratio of void volume to total bulk volume. The effective
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density of the foam ρf is the volume average of the constituent materials
ρf = ρvφ+ ρs(1− φ), (2.1)
where subscripts f , v, and s denote the foam, void, and solid material, respectively.
For many applications such as structural deformation, the air does not contribute to
the structure and thus the relative density can be written as
ρf
ρs
= 1− φ. (2.2)
Many manufacturers also specify the number of pores per inch (PPI) as a measure
of the average inverse pore size. Common foams are produced anywhere from 5 to
40 PPI (average pore diameter of 5 – 0.6 mm). The bulk mechanical properties of
metallic foams and other cellular solids has been studied extensively by Gibson and
Ashby [5]. Based on bending and nondimensional arguments for an open-cell square


















where E and G are the elastic and shear modulus, respectively and C1 and C2 are





where ν is the Poisson ratio. Using Equations (2.3), (2.4), and (2.5), and solving for
the foam Poisson ratio with the assumption that the foam behaves as a linear-elastic
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− 1 = C3. (2.6)
Although derived for simple geometries, the material constants C1 = 1, C2 = 3/8,
and C3 = 1/3 are found to fit experimental data to “an adequate approximation” [5]
for a wide range of open cell foams.
These equations highlight the importance of foam relative density (ρf/ρs) in deter-
mining material properties. Conveniently, relative density is also often one property
selection made available by metallic foam manufacturers, thus understanding its re-
lationship to material properties is crucial for industrial designers and engineers.
There are inherent difficulties with experimentally determining material properties
for foams. For example, in compression the size of the specimen can highly influence
mechanical measurements due to local inhomogeneities and buckling effects [23]. In
tension or shear, the foams are more difficult to test due to mounting considerations
which may require fixture design and special preparation to grip the sample. There
are also difficulties with accurately measuring Poisson ratio when considering non-
uniform edge deformation.
The remainder of Section 2.1 describes the use of 3D computer graphics to design
cellular structures, which can be imported into finite element software in order to
determine effective static material properties. This approach is advantageous because
it allows for rapid design iterations and variations of the foam’s mass properties.
2.1.2 Methodology
Computer Graphics
Open Gaming Language (OpenGL) is a programming language used in computer
graphics for display rendering, artistic graphics, animation creation, and video game
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creation. Its main advantage is the increased processing speed and efficiency due to
the ability to interface with a computers graphic processing unit. F3 is a software for
Mac OS which utilizes OpenGL and signed-distance functions (SDFs) to design 3D
structures. Also known as a shader language, the concept is as follows - a display can
be rendered by treating each pixel as a coordinate point and writing a function to
output a desired display for that pixel. The function computes the distance from the
origin to the coordinate point. Additional operations are then performed to design
the structure, where return of a negative magnitude corresponding to a particular
coordinate point yields a solid material while a positive magnitude yields void space.
Mathematically, this is known as a signed-distance function (SDF) [24] and can be
written as
f(x, y, z) =

−d(x, y, z, ∂Ω), for x, y, z ∈ Ω
d(x, y, z, ∂Ω), for x, y, z /∈ Ω
, (2.7)
where x, y and z are coordinates in three dimensional space, f is the signed distance
function, d is the design function, in this case determines what the 3D structure will
look like in a region Ω with boundary ∂Ω. An interesting characteristic of the design
function is that it is run parallel for every pixel, thus each pixel output is independent.
Two open cell geometries were created using the described method. The first is an
aluminum tetradecahedron (polygon with faces consisting of 6 squares, 8 hexagons)
lattice with triangular struts. The design was created by defining 12 vectors and
using a strut sub-function to define triangular strut regions along each vector. Next,
a blending function was used to merge and smooth nodes where two struts met,
Finally, symmetry and mirrored planes were exploited to create a pattern of cells.
The second geometry is a copper Schwarz P geometrical surface [25], given by




Figure 2·2: Metallic foam structures designed using F3 software (a) an
aluminum tetradecahedron lattice and (b) a copper Schwarz P surface.
This structure is one of a number of minimal geometrical surfaces, which minimize
a surface area constraint with respect to volume. Both foams are shown in Figure
2·2.
Finite Element Analysis and Homogenization
Designs from F3 were exported as STL files and imported into MATLAB. Tetrahe-
dral volume mesh generation was accomplished using iso2mesh [26], a free MATLAB
mesh generation toolbox. The meshes were imported into Abaqus for finite element
analysis. Both models were approximately cubes with a side length of 25.4 mm. In
Abaqus, the material properties of aluminum and copper were created and assigned
to both model elements, respectively. To determine effective material properties, six
strain loading scenarios were imposed on the model (three in tension and three in
compression, Figure 2·3 ) using the Abaqus Micromechanics Plugin.
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(a) tension x (b) tension y (c) tension z
(d) shear xy (e) shear xz (f) shear yz
Figure 2·3: Finite element loading scenarios for the tetradecahedron
lattice. Color is normalized displacement (blue is zero, red is max).
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Each strain loading scenario isolates one column of the stiffness matrix, thus the
stiffness matrix is determined column by column by solving for the volume averaged
stress components for each load case.
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Finally, isotropic material properties were computed by an iterative least-squares
method to find an elastic modulus and Poisson ratio which most closely matches the
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For the structures presented in this section, due to the periodic unit cell pattern, an
isotropic material model is appropriate, however in general this may not be true.
2.1.3 Results
For each of the two structures, the relative density was altered by keeping the pore
spacing (the distance between void openings in the surface) constant and increasing
the thickness of material. Multiple structures of relative densities between 0 and 0.5
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were designed in F3, meshed in MATLAB, analyzed in Abaqus, and homogenized
with the procedure previously. Figure 2·4 shows the isotropic relative elastic modulus
and Poission ratio versus relative density for the aluminum lattice. Similarly, Fig 2·5
shows the same property curves for the copper structure. Additionally, each curve is




Figure 2·4: Material property curves for the Aluminum tetradecahe-




Figure 2·5: Material property curves for the copper Schwarz P struc-
ture including (a) relative modulus and (b) Poisson ratio.
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2.1.4 Discussion
For both structures, material properties are found to have a good fit to a quadratic
function of relative density in the form
Ef/Es = A1(ρf/ρs)
2 + A2(ρf/ρs) + A3, (2.12)
and
νf = A4(ρf/ρs)
2 + A5(ρf/ρs) + A6, (2.13)
where the Ai terms are the fitted constants. Table 2.1 shows the values of the con-
stants for both structures. The Gibson and Ashby model (see Equation 2.3) only
has a squared term in the fit for modulus of elasticity. There are, however, a num-
ber of assumptions with their model. First the derivation is only based on bending
arguments. One advantage to using FEA is that it can capture effects of combined
bending torsion, and compression, especially at higher relative densities where com-
pression may begin to dominate. For Poisson ratio, the Gibson and Ashby trend is
constant (see Equation 2.6) however there is large scatter in experimental data [5]
due to inherent difficulty in measuring Poisson ratio. The FEA results suggest that
Poisson ratio is (although not strongly) a function of relative density.
2.1.5 Conclusion
Concepts for digitally designing metallic foams were described using a computer
graphics approach. Finite element software was used to analyze the designed mi-
crostructures. Isotropic homogenization was done to characterize static material
properties including elastic modulus and Poisson ratio. Material properties were
discussed in line with existing theory for cellular solids and were found to be a strong
function of relative density. Material design curves, like the ones generated by the
discussed approach, are advantageous for designers, because they enable visualization
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of the design space and availability of material properties. Such foams can then be
fabricated and implemented to serve a wide range of structural applications.
2.2 Additive and Subtractive Digital Designs
This section describes additional concepts for digitally designing cellular solids, and
demonstrates the ability of this design method for tuning effective material properties.
A design is presented which has orthotropic material properties, including a negative
Poisson ratio in one direction. Additionally to demonstrate the usefulness of the
described method, several designs of varying relative density were 3D printed from
PLA and compression tested using an Instron load cell. Comparisons between load
cell data and numerical analysis were made for validation.
2.2.1 Introduction
Digital designs of microstructures are presented and then analyzed with finite element
software to determine effective material properties. Digital designs are split into two
groups, based on suitable manufacturing method. Subtractive models describe a foam
that could be created by CNC machining a specified pattern from a solid section.
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Additive models describe foams that could be fabricated from a 3D printing process.
The relationship between mass properties and effective static material properties (such
as elastic modulus and Poisson ratio) of cellular solids will be discussed for the digital
designs, with reference to existing theory. The same method for meshing, FEA, and
homogenization was used as described previously in Section 2.1.
2.2.2 Subtractive Model
A subtractive model was created by designed a slotted cut-out pattern into a 50.8




Figure 2·6: (a) Geometry of the slotted cube subtractive model and
(b) deformation profile (in white) for lateral extension of the slotted
cube (green)
The pattern is unique due to the orientation and size of the slots. When extended
laterally, the smaller slots tend to become rounder, due to stretching. This, in turn,
widens the longer slots which leads to an extension in the lateral direction. This is
represented in Figure 2·6 (b). The slotted cellular structure was fit to an orthotropic
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Table 2.2: Orthotropic material properties including elastic modulus,
shear modulus, and Poisson ratio for the digitally designed slotted cube.




G12 (MPa) G13 (MPa) G23 (MPa)
12050 3656 4532
material model and the resulting properties are shown below in Table 2.2. From the
table, it is seen that the 2 direction is the stiffest for this material, corresponding to
the direction along the length of the drilled out slots. In the 1-3 direction, the Poisson
ratio is -0.1159, a result that is unique to this design.
2.2.3 Additive Model
An additive model was constructed by creating an octahedral lattice with round cross
sectional area struts. In order to do a parametric study, six different iterations of this
structure were designed by keeping strut spacing constant and varying strut diameter.
The microstructure for the most dense structure (relative density equal to 0.42) is
shown in Figure 2·7. Finite element analysis was used to predict the elastic modulus
and Poisson ratio. The results will be discussed in section 2.2.5.
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Figure 2·7: Digital design of a foam constructed from an octahedral
lattice, relative density equal to 0.42.
2.2.4 Experimental Results
Experimental efforts were focused on measuring elastic modulus for the octahedral
lattice. Five distinct octahedral geometries were 3D printed from PLA. Relative
density was calculated by weighing the samples and measuring the length dimensions
to calculate volume. To estimate Young’s modulus, force and axial displacement
were measured by the Instron load cell during a compression test with a rate of 0.1
mm/s. Test were manually stopped after yield point. An average stress was calculated
assuming the force acted over the entire area of the structure. Likewise, an average
strain was calculated over the length of the structure.
There is a distinct linear regime from which the elastic modulus can be calculated
prior to yielding. This was done for all 3D printed structures. Lastly, one final test
was done. A dogbone shaped sample was 3D printed in the same manner from PLA.
This sample was tested in tension to get an estimate of the elastic modulus of 3D
printed, layered PLA. The value measured was EPLA = 2038 MPa, and was used to
24
calculate relative elastic modulus for comparison to numerical and analytical results.
2.2.5 Discussion
The most well known theory relating effective mass properties to mechanical proper-
ties of cellular solids is the Gibson and Ashby model [5] (see Equations 2.3 and 2.6.
In Figure 2·8 the Gibson and Ashby model is plotted along side the numerical and




Figure 2·8: Material property curves for the octahedral lattice includ-
ing (a) elastic modulus and (b) Poisson ratio.
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Both the numerical and experimental points fit quite well to a quadratic fit below.
It is seen that there is a noticeable offset from the Gibson and Ashby model.
Ef/Es = 0.9052(ρf/ρs)
2 + 0.0964(ρf/ρs). (2.14)
Additionally the Poisson ratio was seen to fit a quadratic function of relative density
of the following form
νs = 0.147(ρf/ρs)
2 − 0.329(ρf/ρs) + 0.337. (2.15)
These trends agree with the previously reported results discussed in Section 2.1.4 and
are also confirmed experimentally for elastic modulus. Overall, the Gibson and Ashby
trends give correct order of magnitude of agreement for elastic properties of digitally
designed foams. There are some structural dependent deformation mechanisms that
can be more accurately captured with a full quadratic fit to relative density.
2.2.6 Conclusion
Subtractive and additive models were used to design various cellular structures. De-
sign curves were generated by finite element analysis and compared with experimental
measurements and analytical scaling laws. The methods presented in this section can
be used to design structures with tunable stiffness and mass properties which can be
fabricated for use in sound and vibration applications.
2.3 Commerically Available Metallic Foams
The previous focus of this chapter has been on digital designs of microstructures.
There are, however a wide range of commercially available metallic foam with ran-




In the literature there are many examples of compression tests of commercial foams
in order to estimate the stiffness. A common foam is Duocel aluminum foam, for
which some results from the literature [27–32] are reported in Figure 2·9.
Figure 2·9: Overlay of Gibson and Ashby theory with experimental
measurements from the literature of elastic modulus for Duocel alu-
minum foam. The Gibson & Ashby curve is given by Equation 2.3
(relative quantities are normalized by the properties of the solid mate-
rial)
Reports of the stiffness for this foam loosely agree with the Gibson scaling laws,
however they do span nearly an order of magnitude for relative density near 0.08.
This variation in measurements could be due to a number of assumptions. Foams
with with the same relative density may have different pore sizes. This is not captured
by the Gibson model nor explored in depth in any of the previously cited literature.
Secondly, the direction of compression is important to consider, and was not noted in
the previous studies. The Duocel foams are hypothesized to be slightly anisotropic
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due to the curing direction of the foam in manufacturing. Gravity is thought to
slightly elongate pores in one direction [33].
A second microstructure property that results from manufacturing processes is the
strut fill density. Duocel foams are known to have completely dense (solid) struts,
however this is not true for all metal foams. For example, some foams manufactured
by deposition techniques [34, 35], result in hollow struts. One such manufacturer is
Nanoshel. A comparison of micro-CT scan images for solid and hollow strut foams is




Figure 2·10: Micro-CT scans for (a) solid strut aluminum foam (Duo-
cel), (b) hollow strut copper foam (Nanoshel). The brighter gray regions
are the solid metal and the black is the void space.
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2.3.2 Finite Element Analysis Results
An array of commercially available metallic foams were cut into approximately 25.4
mm cubes and micro-CT scanned at Boston University. The foams studied were from
2 different manufactures (ERG and Nanoshel), consisted of 3 different materials (cop-
per, aluminum, and nickel), and had pore sizes varying from 20 PPI to approximately
80 PPI. The microstructures can be seen in Figure 2·11 (c). Three dimensional finite
element models were constructed from the micro-CT scan images using the com-
mercial software Simpleware ScanIP. For the Duocel foams, a tetrahedral mesh was
created and for the Nanoshel foams, a surface mesh of triangular elements was cre-
ated. A thickness was prescribed to the triangular shell elements that was a mean
thickness estimated from the images using ImageJ. The directionally dependent elas-






Figure 2·11: (a) relative elastic modulus versus relative density, (b)
Poisson ratio versus relative density, and (c) microstructure of the five
different commercially available metallic foams.
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The results are shown in Figure 2·11. Plotted in Figure 2·11 (a) are a few ad-
ditional scaling curves. The ideal stretching structure is one whose stiffness scales
with relative density to the first power [36]. Foams with hollow struts have have also
been shown to be more efficient in terms of stiffness-to-weight ratio (having a higher
relative modulus for the same relative density) [37], [38]. For hollow strut foams, C1
in Equation 2.3 is not equal to one, but can be estimated from the thickness and
size of the hollow strut cross section. Using the methodology in [37] and approximate
measurements from micro-CT images, the estimated stiffness constant was C1 = 2.67.
It is noticed that for most of the 5 foams, at least one direction is stiffer than the
other two, suggesting that direction-ability is important. In Figure 2·11 (b), the Pois-
son ratio is directionally dependent, ranging between approximately 0.2-0.4. Poisson
ratio for most open-cell foams has been reported to be near 0.33 [5].
2.3.3 Conclusion
In this section, finite element analysis of commercially available metallic foams was
described which yielded estimates of static mechanical properties such as elastic mod-
ulus and Poisson ratio. From the analysis, the properties appeared to be directionally
dependent. The manufacturing process of the foam can highly influence the mechan-
ical properties, both by effects of gravity and by changing the strut density.
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Chapter 3
Acoustic and Bulk Mechanical Properties
of Metallic Foam after Triaxial
Hydrostatic Compression
3.1 Acoustic Absorption by Metallic Foam after Triaxial Hy-
drostatic Compression
In this chapter, an engineering method for triaxial hydrostatic compression of metal-
lic foam is presented to preferentially alter the foam’s microstructure. The method is
demonstrated on an assortment of open-cell aluminum foams with varying pore size
and porosity. Measurements of acoustic absorption indicate that the compressed sam-
ples absorb significantly more sound than the conventional samples of equal thickness
in the test range from 0.25 – 4.5 kHz. An analysis is presented which links the mi-
crostructure properties of compressed foam samples to conventional samples, thereby
providing a means to estimate acoustic absorption trends for compressed samples
through use of existing models.
3.1.1 Introduction
The engineering design specification for stiff and lightweight materials has led to the
development of many types of composites and cellular structures, including metallic
foams. Metallic foams consist of interconnected metal regions surrounded by large
volume fractions of air. As engineering materials, they have many attractive proper-
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ties including a linear elastic small strain response that arises from the microstruc-
ture [29], ductility from the host metal [32], and high energy absorption capability
due to plastic collapse [30]. Currently in an effort to provide designers with an ex-
pansive materials database, many fabrication methods and engineering methods are
being researched to produce foams with tunable bulk mechanical properties.
In this section, an engineering method for triaxial, plastic compression of metal-
lic foam using hydrostatic pressure is proposed and demonstrated to preferentially
alter the foam’s microstructure and porosity. The proposed method can provide si-
multaneous compression from three orthogonal directions and mitigates the effects of
shear deformation which can result from existing methods. The method is a post-
manufacturing process for metallic foams that can be used to create foams with
properties unable to be manufactured otherwise. For example, some manufactur-
ers of metallic foams are limited in production of foams with small pore sizes; this
method can decrease the pore size of existing foams. Additionally, the local yielding
of metal struts creates a spatial variation in modulus within the foam, resulting in
foams whose bulk elastic properties do not scale with conventional scaling laws for
open-cell foams. Furthermore, the compression produces a foam with a re-entrant
pore shape.
The acoustic absorbing properties of an array of conventional and compressed
foams were measured in an impedance tube using a standard method. The acous-
tic absorption of the metal foam was significantly higher for all compressed samples
over the measured frequency range (0.25 – 4.5 kHz). Acoustic absorption increased
with increasing compression ratio up to the maximum compression ratio tested (ap-
proximately 2). Finite element analysis is used to predict changes in the foam’s
microstructure with increasing volumetric compression ratio for a 3D unit pore for
both conventional and compressed configurations. The results from this analysis are
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then used along with an existing model to predict the acoustic absorption of the
compressed samples.
Traditionally, metallic foams have been plastically compressed by the vise method
[8]. In this method, a vise was fit with plexiglass platens covered with sandpaper (to
prevent sliding) and required incremental small applications of strain. This method
has been used by researchers to transform the pore structure into a re-entrant shape
[9], [33]. Additionally due the metal plasticity, plastic hinges are formed at regions
of high stress. For the previously cited references, the combination of these two
effects has lead to a measurable negative Poisson ratio for some metallic foams. The
drawbacks of the vise method are, however, that it is time consuming, only one
dimension is typically strained at a time, it requires high manual force for large
samples, and the compression can result in undesired shear deformation.
The hydrostatic loading of foams has typically been done in order to study the
properties of the material that change with volume, for example the bulk modulus.
Moore et al. [39] developed a test method for hydrostatic compression of an open-
cell polyurethane foam. Viot [40] utilized high speed imaging and image processing
techniques to study the hydrostatic deformation of a closed cell polypropylene foam.
Deshpande and Fleck [41] designed a testing apparatus for sealing a metallic foam un-
dergoing hydrostatic loading that consisted of shims, wedges, and a rubber membrane.
This apparatus was designed for cylindrical samples and enabled the applications of
a uni-axial load superimposed upon a hydrostatic pressure.
The acoustic performance of metallic foams depends highly on the microstructure.
The acoustic losses arise from thermal and viscous boundary layer effects near the
interface of the air and the metal. For acoustic excitation in air, metallic foams can
be considered rigid due to the high stiffness of the metal compared to air [1]. Overall,
closed-cell metallic foams tend to be poorer sound absorbers in air than open-cell, but
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have been improved by rolling and hole drilling processes [21]. Sound absorption and
one-dimensional compression of a porous nickel-iron alloy was studied experimentally
by Bai et al. [42]. They found an optimal compression ratio of 70% to maximize sound
absorption (in one direction) between 1-6 kHz for a sample with an initial porosity
of 0.75. A subsequent effort [43] improved sound absorption through spark-erosion
drilling to create microperforations in the foam.
One of the most widely used methods for estimating acoustical indicators of rigid-
framed, porous materials is based on modeling of the foams’ microstructure prop-
erties [20]. These properties (such as porosity, tortuosity, flow resistivity, viscous
characteristic length, and thermal characteristic length) can then be employed in an
effective fluid homogenization model. One of the most predominant, five parame-
ter models is the Johnson-Champoux-Allard model [44], [45]. Other methods for
estimating acoustic absorption can be used without the need for determining any in-
termediate variables if the geometry of the foam is known and the acoustic boundary
layers are small compared to foam geometry [46].
In the next section, the materials and methods are described for the hydrostatic
and acoustic experiments. In Section 3.1.3 the background theoretical and numerical
work is outlined for modeling and predicting the acoustic absorption of the conven-
tional and compressed metallic foam samples. In Section 3.1.4, the modeling results
are presented and discussed and lastly the conclusion is Section 3.1.5.
3.1.2 Materials, Methods, and Measurements
Hydrostatic Testing
Open-cell aluminum foams samples (50.8 x 50.8 x 63.5 mm) from ERG Aerospace
Corporation were obtained for this study. To promote uniform pressure loading,
the samples were specially prepared and sealed as shown in Figure 3·1. First the
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foam was placed into a set of 3D printed compression fixtures, which acted as corner
guides for compression. They were also designed to limit the compression by coming
into self contact after a desired compression ratio. Next a compressible foam board
approximately 6.35 mm thick was used to enclose the entire sample. Finally, the
assembly was placed in an elastic sealing layer that was tied shut.
Figure 3·1: Preparation of metal foam sample for hydrostatic pressure
tests.
The hydrostatic pressure apparatus is shown in Figure 3·2. A hand pump, pressure
guage, and steel pressure vessel were connected inline with a water supply. For
compression, the samples were placed in the vessel and the cap was bolted on. The
water supply was turned on and air was bled from the system by opening a union
near the top of the cap. Once the air was removed, the union was closed and pressure
was increased through pumping. Once the desired pressure was reached, the union
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was carefully opened to release pressure.
Figure 3·2: Experimental apparatus used for compression of metallic
foam.
An array of 6 foams of varying porosity and pores per inch (PPI) were compressed
through this method. It was found that in order to best maintain uniform deforma-
tion and preserve shape homogeneity, multiple sets of 3D printed fixtures were used
consecutively on samples, including sets designed for volumetric compression ratios
of 1.5, 2, and 3. Figure 5·22 shows 5 PPI foams with multiple compression ratios. A




Figure 3·3: 5 PPI aluminum foam samples, 10% nominal relative
density and insets of the same samples after electrical discharge ma-
chining for (a) nominal sample and samples with compression ratios of
approximately (b) 1.45 and (c) 1.90.
The volumetric compression ratio was measured two ways. First the volumetric
compression ratio was computed as the ratio of the intial bulk volume to the final
bulk volume. Due to sample’s shape after compression (in some cases the middle
faces of the samples tended to deform more than the edges), an uncertainty of +− 7%
was estimated for compression ratio based on +− 1 mm measurement of edge lengths
for a sample of volumetric compression ratio of 2. Secondly, the volumetric compres-
sion ratio was computed as the ratio of final relative density (after compression and
machining) to initial relative density. This assumes the volume of aluminum remains
unchanged during compression.
Results for the methods are plotted in Figure 3·4. Data for volume compression
ratio equal to 1 is included to show measured deviation of relative density for the same
sample before and after machining (no compression). Since the foams are random
structures, this variation in measurement (greater than 7% for 40 PPI) indicates that
the relative density is spatially dependent. For the 20 and 40 PPI foams, compres-
sion ratio measured both ways agrees within the 7% error bars. For 5 PPI foams, the
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1 5 0.901 0.901 - -
2 5 0.893 0.825 1.45 5.17
3 5 0.892 0.770 1.9 6.89
4 20 0.881 0.881 - -
5 20 0.867 0.802 1.42 5.17
6 20 0.867 0.738 1.84 6.89
7 40 0.922 0.922 - -
8 40 0.918 0.870 1.51 3.44
9 40 0.917 0.822 1.97 4.83
compression ratio estimated by relative density measurements over predicts that mea-
sured by bulk volume. It was observed during hydrostatic compression experiments
that 5 PPI foams were the most difficult to deform, required higher pressures, and
had the largest amount of shape non-uniformity. This is attributed to the large pore
size and large size (thickness and length) of the individual metal ligaments which re-
quired higher loading to deform. In Section 3.1.4, volume compression ratio in terms
of bulk volume measurements and corresponding uncertainty are used to analyze the
experimental data.
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Figure 3·4: Comparison of volume compression ratio measurements
based on bulk volume and relative density.
Acoustic Testing
In total, 9 samples were tested for acoustic absorption (6 compressed and 3 con-
ventional samples) in an impedance tube at Acentech in Cambridge, MA. For testing,
the samples were machined into cylinders with 34.9 mm outside diameter and 45.7 mm
height using electrical discharge machining. Test were done using the two microphone
method in accordance with ASTM Standard E1050-12 [47].
Each sample was tested multiple times (including after flipping end-for-end) with
no appreciable difference in absorption measured between trials. The tube plunger
was pushed flush with the specimen back such that there was no air cavity (sample
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was rigidly backed). The frequency range for the tests was 0.25 – 4.50 kHz based on






Figure 3·5: Normal incidence sound absorption coefficient measure-
ments for metallic foam samples (a) 5 PPI, (b) 20 PPI, and (c) 40 PPI.
All samples approximately 45 mm thick.
The measured results are in Figure 3·5. Comparing the conventional samples
(compression ratio = 1) for the 5, 20, and 40 PPI samples, it can be seen that
foams with increasing PPI have increased absorption. This has been noted elsewhere
[46] and is largely attributed to increased specific surface area leading to increased
boundary layer losses for larger PPI (smaller pore sizes). For all samples, absorption
is increased with increasing compression ratio to approximately 2, the maximum
compression ratio in this study. The 40 PPI sample with a compression ratio of
1.97 was the best absorber, which increased absorption by an average of 0.2 over the
tested frequency range. This sample also had the smallest effective pore size after
compression, which is also a smaller pore size than any aluminum foams currently
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produced by the manufacturer.
3.1.3 Acoustic Modeling
Theoretical Background
A predominant model for acoustic propagation in rigid-framed porous media is
the Johnson-Champoux-Allard [JCA] model [44], [45]. This model views the foam as
an equivalent fluid that satisfies the Helmholtz equation




is the homogenized wave number and the homogenized sound speed
is ceq =
√
Keq/ρeq, written in terms of homogenized density and bulk modulus of the
porous material.
According to the JCA model, expressions for frequency dependent, complex Keq
and ρeq can be written in terms of properties of the surrounding fluid as well as five
foam microstructure parameters (porosity φ, flow resistivity σ, tortuosity α∞, viscous


























The properties of the fluid surrounding the foam, air in this case, are density
(ρ0 = 1.2 kg/m
3), dynamic viscosity (η = 18.18× 10−6 Pa s), specific heat ratio (γ =
1.4), thermal conductivity (κ = 2.6× 10−2 W/(m K)), atmospheric pressure (P0 =
101.3 kPa), and specific heat at constant pressure (Cp = 1× 103 J/(kg K)).
Extensions of the JCA model include the additional static thermal permeability
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term introduced by Lafarge et al. [48] and two additional tortuosity terms introduced
by Pride et al. [49]. In this work, the JCA is used for both conventional and com-
pressed samples. The JCA model has been used previously for similar types of porous
metals [50] and has the advantage of being a simpler model with fewer inputs.
To compute the acoustic absorption of a foam layer, first the impedance at the
surface (with the foam rigidly backed) is computed by
Zs = −iZeq cot (keqL) (3.4)






α = 1− |R|2 (3.6)
where Zair is the characteristic impedance of air.
Conventional Samples
For the conventional samples, determination of the five foam microstructure pa-
rameters is necessary in order to predict the acoustic absorption. The porosity of the
samples was taken as the measured value in Table 3.1. Additionally, flow resistivity
measurements have been reported in the literature for ERG aluminum foams for 20
and 40 PPI of similar porosity as in this study [51], [52]. For 5 PPI, the flow resis-
tivity was estimated based on additional trends reported for 10 PPI foams. Thus by
assuming known porosity from measurements and flow resistivity from the literature,
five unknowns are reduced to three. To determine the characteristic lengths as well
as the tortuosity, the inverse method was used. A global optimization was imple-
mented to minimize error between the measured and modeled response. This inverse
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method has been introduced and used previously by others [53], [54]. The complete
set of parameters used in the JCA models for conventional foams are listed in Ta-
ble 3.2, where the values for tortuosity, viscous characteristic length, and thermal
characteristic length result directly from the optimization.
Table 3.2: Summary of JCA model parameters used for conventional
foam samples







5 PPI .901 1.00 50 1.06 1.90
20 PPI .881 1.00 350 .931 1.49
40 PPI .922 1.00 520 .639 1.21
The results in Table 3.2 show trends of decreasing characteristic lengths as pore
size decreases (PPI increases), as well as constant tortuosity near unity. The tortuosity
result is not surprising since all foams have a similar microstructure and furthermore
it is close to a reported result in the literature [1] for a 40 PPI foam (α∞ = 1.07).
Compressed Samples
In this section, a method for predicting the acoustic absorption of the compressed
samples is described and implemented. The method involves prediction of the change
in the foams’ microstructure parameters assuming known compression ratio and intial
microstructure parameters. Some predictions have been formulated analytically for
the case of compression of a fibrous material. For 1D compression, assuming a small
fiber radius [55],












where (0) refers to the parameter of the conventional material and (n) the compressed
material after undergoing compression of one side n = L
(0)
L(n)
. For 2D, n in the expres-
sions above is replaced with n2 [56]. Extrapolating to 3D, utilizing the relationship
for volumetric compression ratio υ = n3, and rewriting in dimensionless form, the
expressions become

















To examine validity of the extrapolations, finite element models were constructed
of a 3D unit pore based on the Gibson model [5] which considers beam bending as
the main deformation mechanism. Two stages of finite element analysis were done
sequentially. First, an elasto-plastic deformation was performed to simulate crushing
of the pore. One eighth of the model was meshed and symmetry boundary condi-
tions were applied to three perpendicular faces. A displacement boundary condition
was prescribed on faces of strut segments to induce uniform, triaxial compression.
Nonlinear geometry and nonlinear material properties were used; plasticity data for
aluminum was taken from measurement on individual aluminum foam ligaments [57].





Figure 3·6: Elasto-plastic compression models of representative unit
pores for varying volumetric compression ratios of approximately (a)
1.00, (b) 1.25, (c) 1.50, (d) 1.75, and (e) 2.00.
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Second, a pair of simulations was done to estimate the five microstructure param-
eters from the unit pores. For these simulations, the geometry of the air surrounding
the foam is created by subtracting deformed foam geometry from the bounding box
volume of the cell. The simulations are 1) a steady state Stokes flow and 2) an electric
conduction problem. These simulations represent opposite ends of the frequency spec-
trum: low frequency where viscous effects dominate and high frequency where bulk
viscous effects become negligible. This method of estimating the foam microstruc-
ture parameters from electric and flow simluations has been well established in the
literature [1], [2]. Results from the flow and electric simulations are shown in Figure
3·7.
(a) (b)
Figure 3·7: Unit pore simulations showing (a) pressure difference con-
tour across a pore and resulting velocity streamlines and (b) electric
potential difference contour across a pore and resulting electric field
streamlines.
The porosity and thermal characteristic length are purely geometrical properties









where V represents volume and SA represents the wetted surface area.
From the flow simulation, a pressure gradient is imposed on the pore, no-slip
boundary conditions at the foam interface, and periodicity at lateral faces. The





where A is the outlet cross sectional area, ∆p is the prescribed pressure difference, Q
is the outlet volumetric flow rate, and L is the thickness.
From the electric simulation a potential difference is imposed on the pore, insu-
lating boundary conditions at the foam interface, and symmetry at the lateral faces.











where E is the electric field and 〈 〉 indicates a fluid-average quantity.
For the conventional pore and four compressed pores, both of the described sim-
ulations are done to compute the change in foam microstructure parameters versus
volumetric compression ratio. The results are plotted in Figure 3·8 in dimensionless









Figure 3·8: Variation of foam microstructure properties versus com-
pression ratio resulting from finite element predictions of a 3D unit
pore.
It can be seen that the porosity predicted by the analytical expression is in close
agreement with that predicted by the 3D unit pore. This is essentially an expression of
mass conservation during volumetric compression. The remaining parameters show
substantial deviation from predictions based on the fibrous model, which can be
attributed to differences in the structure of an array of parallel fibers versus a foam.
Based on the results of the 3D unit pore, a power scaling law was fitted for each
parameter based on the same form as the analytical expressions. The power scaling
laws are:


















These expressions are useful for predicting changes in a foam’s microstructure param-
eters as a function of compression ratio, thereby enabling the acoustic absorption of
compressed foams to be predicted. In the next section, the results from the models
are presented and discussed.
3.1.4 Results and Discussion
Using the conventional foam properties in Table 3.2, Equations (3.14)-(3.15), and
measured compression ratios in Table 3.1, the acoustic absorption of compressed
samples can be predicted with the JCA model as described in section 3.1.3. The
modeling results are plotted over measurements in Figure 3·9. As mentioned in section
3.1.2, uncertainty of measurement in volumetric compression ratio from the samples’
bulk dimensions will lead to a range in predicted microstructure parameters and






Figure 3·9: Normal incidence sound absorption coefficient measure-
ments and modeling results for metallic foam samples (a) 5 PPI, (b) 20
PPI, and (c) 40 PPI. All samples approximately 45 mm thick.
The global trend of increasing absorption with increasing volumetric compression
ratio is predicted correctly by the model, with the best agreement for the 40 PPI
foams. There are, however, some underlying assumptions in the experiment and
limitations of the model could be sources of error.
For the hydrostatic experiment, it is assumed that there is ideal, uniform com-
pression across the entire sample. This could lead to uncertainty in measuring the
compression ratio if certain regions of the foam compressed further than other regions.
The model makes use of the Gibson unit cell, which is isotropic. It is known that
some metallic foams are not isotropic due to effects of gravity on the manufacturing
process. In addition, although the Gibson unit cell has been widely used in the lit-
erature for prediction of bulk properties for many types of open-cell foams, it does
not, strictly speaking, represent the exact microstructure of foams produced by the
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manufacturer.
The foam microstructure parameters in Equations (3.14)-(3.15) were predicted
based on compression ratios up to 2. For greater than 2, it is not guaranteed that the
trends will continue scaling in the same manner, since the deformation mechanisms
change once self contact is initiated between foam ligaments, when stiffness of the
foams begins to dramatically increase. Lastly, the model has assumed the rigid-
framed acoustic absorption mechanism is maintained. Foams whose frame is not
rigid (can be excited acoustically in air) or are closed cell have different absorption
mechanisms and would require a modified analysis.
3.1.5 Conclusion
A method for triaxial deformation of metallic foam was presented which included
preparation and sealing of the sample and hydrostatic pressure loading. For the
application of sound absorption, compressed samples had higher measured sound ab-
sorption broadband than conventional samples. The best sound absorber was a 40 PPI
foam compressed with a volumetric compression ratio of 2. The Johnson-Champoux-
Allard model was used to model acoustic absorption trends. Five microstructure
parameters of the foam used in the model were shown to change with volumetric
compression ratio and were able to be predicted based on finite element simulations
of a 3D unit pore.
3.2 Bulk Mechanical Loading of Metallic Foam after Triaxial
Hydrostatic Compression
As seen in the previous section, the microstructure of open cell metallic foams can
be transformed through plastic deformation which can significantly change acoustic
properties. Additionally, this preferential buckling of the foam struts can lead to
dramatically different ranges of structural properties such as elastic modulus and
59
Poisson ratio. In this section, foams that were hydrostatically deformed were tested
using a load cell and digital image correlation. Details of the experiments and the
resulting structural properties are reported in the remainder of this chapter.
3.2.1 Introduction
In this section, the bulk mechanical properties of conventional and compressed foams
are compared by subjecting the materials to quasi-static loading. The compressed
foams were created in the same way as described in section 3.1.2. The foams that
were tested are shown in Figure 3·10. Due to the destructive nature of the testing, the
samples used in this section were not the exact same samples as described previously
for acoustic testing but were the same brand of aluminum foams.
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Figure 3·10: 40 PPI, 10% nominal relative density Duocel aluminum
foam. Sample to the right is compressed with a volumetric compression
ratio of approximately 1.96 using 10.3 MPa of hydrostatic pressure.
3.2.2 Experimental Setup
Compressive tests were performed using an 300 kN Instron load cell, similar to tests
described in [58]. Samples were compressed along the height, and the corresponding
faces in contact with the platens were sanded to be flush. The platens were lubricated
with a think layer of molybdenum grease. Load cell displacement rates of 2 × 10−4
to 3 × 10−4 inches/second were used. Additionally, the displacement of the samples
was measured using digital image correlation (DIC) with Instron’s AVE2 camera in
“speckle only” mode. This measurement technique allows for full field (in plane)
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displacement and strain measurements. To prepare the samples for DIC, first the
front surface of the specimen was filled with a thin (less than 3 mm) layer of flexible
caulk. Since the foam is porous, the leading surface is difficult to detect with the
camera thus the effect of the caulk is to create a flat leading surface that can be more
easily detectable. The caulk was assumed to be soft enough to not effect the global
displacement of the foam. After filling with caulk, a speckle pattern was spray painted
on the sample with a base color in black and white speckles on top. The speckles were
sized to have approximately 5-10 pixels across the diameter with approximately 50%
black and 50% white. Samples were loaded to about 0.6 engineering strain. Force was
measured by the load cell and displacements were measured both by the cross-head
and using Instron DIC Replay software.
3.2.3 Results
DIC results for the conventional foam are shown in Figure 3·11. In the image, the foam
is being compressed from the top down. Both profiles are typical of a material with
a positive Poisson ratio that experiences axial contraction with transverse expansion.
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(a) (b)
Figure 3·11: (a) Axial displacement (mm) and (b) transverse displace-
ment (mm) for the conventional 40 PPI, 10% relative density aluminum
foam at strain of 0.01.
Results for the compressed sample are shown in Figure 3·12. The axial displace-
63
ment appears uniform, however the transverse displacement does not. The top and
bottom of the sample appear to be bulging outward while the middle is moving in-
ward, almost forming an hour glass shape. This behavior is expected for a negative
Poisson ratio material. In the next subsection, numerical results for each material
will be discussed and compared.
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(a) (b)
Figure 3·12: (a) Axial displacement (mm) and (b) transverse dis-
placement (mm) for the compressed (volumetric compression ratio of
1.96) aluminum foam at strain of 0.13.
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3.2.4 Discussion
The stress-strain curves as well as data for the Poisson effect are shown in Figure
3·13. In Figure 3·13 (a), 3 deformation regimes can be seen that are characteristic
of cellular solids. For small strain, both foams have a linear elastic regime. This
is followed by yielding and a flat plateau regime. The last regime, densification, is
seen to start around strain of 0.6. This regime is characterized by a sharp increase
in modulus where self contact between struts has initiated. The Poisson effect was
measured using virtual gauges that were placed along the center lines, vertically and
horizontally as shown in Figure 3·14. It is seen that the Poisson effect is strain
dependent, and is near zero for the compressed sample and between 0.2 – 0.4 for
the conventional sample. These results are consistent for what has been observed for
copper foams [9]. The mechanical toughness or energy absorption capability per unit





The upper limit of integration is denoted by εf . For a material undergoing tension,
this is usually taken as a fracture point. For many applications such as automotive
bumpers, compressive strain greater than or equal to 0.5 can be achieved and that
entire range of deformation is useful in terms or energy absorption. Therefore the
mechanical toughness relative to εf = 0.5 has been computed.
Results from Table 3.3 indicate that the compressed sample was approximately
half as stiff as the conventional sample. Furthermore, the compressed sample had a
higher yield stress (and strain). From Figure 3·13 (a), there is also a much larger
area under the stress-strain curve for the compressed sample and a higher computed
toughness.
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Table 3.3: Quantitative results from compression experiments
conventional compressed
elastic modulus (MPa) 475 249
yield stress (MPa) 2.23 5.289
strain at yield .005 .023






Figure 3·13: Comparison between the conventional and compressed
sample for (a) stress-strain, (b) stress-strain linear elastic regime, and
(c) Poisson effect
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Figure 3·14: Location of virtual strain gauges which measure trans-
verse and axial strains.
Similar results have been reported for copper foams; the mechanism has been
explained by the formation of local plastic hinges in the foam [9]. Plastic hinges are
regions of significant plastic deformation that result in decreased stiffness. To confirm
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this hypothesis for aluminum foams, a numerical simulation was setup on a pore
of aluminum foam constructed from micro-CT scans. The model simulated plastic
crushing of the pore, using non-linear geometry and non-linear (plastic) material
properties of aluminum taken from [57]. In the simulation, three sides of the pore
were fixed and the remaining three sides were given a prescribed displacement. The
plastic strain is shown in Figure 3·15 for a volumetric compression ratio near 1.5.
This result confirms the formation of local plastic hinges (red spots in Figure 3·15)
and furthermore it can seen seen that the hinges form near midpoints of the struts.




Compression experiments were performed on a conventional aluminum foam and a
foam that was crushed to half the bulk volume using hydrostatic pressure. The results
indicate that hydrostatically compressed foams are less stiff, however they also have
the potential to absorb more energy as seen by a sufficiently larger area underneath the
stress-strain curve. The formation of local plastic hinges, which has been previously
hypothesized in the literature, has been confirmed through numerical simulations.
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Chapter 4
Acoustic Absorption and Vibration
Damping by Saturated Metallic Foam
4.1 Acoustic Absorption of Metallic Foam Saturated by
Polyurethane Foam
In this section, a composite foam consisting of open-cell metallic foam embedded with
polyurethane foam is fabricated and evaluated for sound absorbing properties. The
best performing composite foam increased the sound absorption by a factor of 6 (from
0.1 – 0.6) in the low frequency test range and by a factor of 2 (from 0.2 – 0.4) up to
4.50 kHz, compared to the original metallic foam. A lumped element model is used to
predict and elucidate the absorption mechanisms for the composite, as well as for pure
metallic foam and pure polyurethane foam. The model gives insight into the physical
mechanisms that control acoustic absorption, including thermo-viscous effects at pore
interfaces, structural damping effects due to foam elasticity, and coupling effects due
to the interaction of air, metal, and polyurethane in the composite. Additionally, a
simplified two parameter model was used to elucidate acoustic absorption trends for
composite foams. The developed composite foams are advantageous for engineering




Foamed materials, such as those made from polymers, metals, ceramics, and fibers,
find widespread use in many engineering applications requiring high energy absorp-
tion, strength, stiffness, thermal conductivity, or padding. This work investigates
the use of metallic and polyurethane (PU) foams for structural acoustic applications,
where it is desired to have multifunctional characteristics; i.e., be sufficiently stiff to
support static load while also having high sound absorption to reduce noise. Metallic
foams tend to excel in the former whereas PU foams the latter.
In this chapter, a composite foam consisting of metallic foam filled with a
polyurethane foam is proposed and fabricated. The composites retain the high stiff-
ness of the metal foam while improving the sound absorption, compared to the original
metallic foam sample. The highest performing composite foam improved the sound
absorption of metallic foam by a factor of 6 (from 0.1 – 0.6) in the low frequency
range (near 600 Hz), and a factor of 2 (from 0.2 – 0.4) broadband. The polyurethane
foam used in this study is shown experimentally to have a low frequency quarter
wavelength resonance (characteristic of an elastic frame), whereas the metal foam
does not (characteristic of a rigid frame). The composite material is shown exper-
imentally to retain the low frequency resonance. This is evidence of the composite
being acoustically compliant while maintaining exceptionally high static stiffness, a
characteristic that could be leveraged for absorbing layers or walls under high static
loading.
Furthermore in this chapter, a lumped element model is developed and utilized to
accurately estimate acoustic impedance and absorption for 3 different types of foams:
rigid frame, elastic frame, and the composite. The lumped element model used in this
chapter is chosen because the fabricated composite foam is different from traditional
foams. It consists of 2 different materials with 2 distinct porosities and 2 characteristic
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pore sizes. Furthermore there is a mechanical bond that joins the PU to the metal
in the foam, and this effect can be important to consider. The use of the lumped
element model allows one to use properties of each constituent material independently,
and is therefore advantageous for the fabricated foam-in-foam composite.The model
is benchmarked to experimental measurements, and gives insight into the physical
mechanisms that control acoustic absorption by treating segments of the foam as
discrete masses, springs, and dashpots. The model also provides design insights.
An excellent review of sound absorbing foams is given by Arenas [59]. There are
two dominant absorption mechanisms in the long wavelength, linear acoustic regime:
viscous and thermal losses that occur at the porous frame and fluid interface and
structural damping losses that occur due to motion of the frame. The type of foam,
host material, and geometry all impact the effective contribution of each mechanism.
Metallic foams are porous metals that can be fabricated in both open and closed-
cell configurations. Their high stiffness to weight ratio is derived from an intercon-
nected metal framework surrounded by large volume fractions of air. The stiffness of
metallic foams has been extensively studied in terms of mass and geometry scaling
laws [5]. Acoustically, metallic foams (especially closed-cell) tend to have poor to fair
sound absorption [1]. One reason for this is that the metal frame is much stiffer than
the surrounding air, therefore when considering acoustic wave propagation essentially
only one wave propagates through the fluid. The acoustic losses come from viscous
and thermal effects that occur at the metal-air interface which depend on the foam
pore shape and structure. Some metallic foam manufacturing processes are limited
in producing foams with certain pore sizes and porosities, thereby limiting absorbing
capabilities.
PU foams having fully and partially reticulated cells [60,61] as well as completely
closed-cells, [62] have been studied extensively for acoustic properties. A large range
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of acoustic properties arise from these foams, depending on stiffness, pore size, and
reticulation rate. For example, some open-cell PU foams have rigid frames, such that
the acoustic loss mechanism is similar to that of metallic foams [63]. For closed-cell
PU foams, elasticity of the foam and structural damping dominate, and the foam
can be treated as an effective elastic material [62]. Many closed-cell foams, however,
contain partially open cells at outer faces of the material due to the manufacturing
process or sample preparation (cutting). This feature has been shown to significantly
increase acoustic losses [64] because these cells have additional thermal and viscous
effects. Partially reticulated PU foams with a flexible frame exhibit losses due to both
structural and thermo-viscous effects.
Regarding structural losses, the vibration of the frame is often not appreciable
when excited acoustically in air except for resonant conditions. When the frame
resonates, it can have significant influence on the surface impedance and absorption
capabilities. The effect of frame resonance depends on the microstructure, material
composition, and overall thickness of the sample. For example as described in [65], a
glass wool material much denser and stiffer than air exhibited a resonance in surface
impedance around 850 Hz for a 54 mm thick sample (see their Figure 2). A resonant
peak was also present in the absorption coefficient around this frequency, in which the
absorption was 14% higher than predicted by a rigid-frame model. As studied in [66],
the frame resonance can also be impacted by mounting conditions in the impedance
tube. Vigran et al. [67] also studied this effect using a finite element model. For a
polyurethane foam sample, a large peak in absorption coefficient was experimentally
measured at low frequency (800 Hz) and identified as a frame resonance due to ampli-
fied displacement amplitude predicted by the finite element model at this frequency.
Frame resonances were seen both in samples measured in the free field and in the
impedance tube.
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Many modeling efforts have been proposed to explain acoustic losses as functions
of the foam’s physical parameters. A simplified model to capture both of these effects
was given by Kosten and Janssen [68]. The foam was considered to be very porous and
very flexible, in which case two complex frequency dependent parameters (density and
bulk modulus) can be computed. A more sophisticated theory, known as the Biot-
Allard theory [65, 69–71] can be used to compute dissipation in multiple fluid and
structural borne waves. For very stiff foams, this theory can be simplified to only
include the thermal and viscous effects [44,45]. Many of these models can be difficult
to utilize because they require knowledge of the foam structural, geometrical, and
transport properties. Simpler empirical models, for example the Delany and Bazley
model [72], can estimate acoustic absorption in fibrous materials by correlating the
characteristic impedance and wave number of the material to one physical parameter,
flow resitivity. Brennan [73] developed expressions for effective density and bulk
modulus of a rigid frame porous medium using lumped element concepts, in which
there are certain regimes for which the entire foam sample resembles an acoustic mass,
stiffness, or dashpot.
Researchers have developed a number of ways to improve sound absorption in
lightweight, structural materials. For example, the acoustic effects of filling sandwich
panels with strands of glass fiber was investigated by Yang et al. [74]. The filled
sandwich panels had shifted resonances for the sound absorption coefficient, but did
not have significant improvement broadband (e.g., see their Figure 4b). For closed cell
metallic foams, absorption was improved by hole drilling and rolling processes, which
increased viscous and thermal losses at the metal interface [21]. A metallic foam
filled with multiple layers of solid PU (not foam) was developed as a composite for
use in underwater absorption [75]. The absorption mechanism was hypothesized to be
locally resonant metal-polyurthane-metal cells, with varying characteristic dimensions
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that gave rise to broadband absorption.
The composite discussed in this chapter is different than the concept of double
porosity media in the literature [20, 76]. Double porosity media usually refer to a
single medium which has two characteristic pore sizes, occurring when the frame
of the porous material is also porous, but at a smaller size scale. In contrast, the
composite proposed here has 2 materials and 2 porosities.
This chapter is organized as follows. In the next section, the materials, fabri-
cation methods, and test methods are described. Experimental results for normal
incidence acoustic absorption coefficient are presented in Section 4.1.3. In Section
4.1.4, a simplified lumped parameter model is used to model acoustic losses in metal
foam, polyurethane foam, and the composite foam. The physical mechanisms of the
absorbed power are discussed in Section 4.1.5. Application of a rigid-framed, ideal
porous model is investigated in Section 4.1.6, and in Section 4.1.7 is the conclusion.
4.1.2 Materials and Methods
Duocel aluminum metallic foam samples with 10 and 40 pores per inch (PPI) and with
a nominal void fraction of 0.91 were obtained from ERG Aerospace for this study. The
foam samples were cut using electrical discharge machining into cylinders 34.92 mm
outside diameter by 48.00 mm length. A polyurethane foam (FlexFoam-iT!TM III,
Smooth-On), referred to as flex foam in this chapter, was also obtained. Flex foam is
a pourable foam which expands approximately 15 times the volume during the curing
process. A flex foam sample of approximately 34.92 mm outside diameter by 48 mm
length was also prepared by pouring the foam into an appropriately sized mold and
allowing it to cure.
A composite foam, consisting of flex foam embedded into the pores of the metallic
foam was prepared for both the 10 and 40 PPI samples. The small pores in the
metal foam produce high flow resistance for the liquid flex foam (prior to curing). In
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order to fully saturate the metal foam, it was placed in a cylindrical casting chamber
where a plunger was used to apply a pressure to force the liquid through the entire
metal structure. The flex foam was allowed to expand and cure, and then excess was
trimmed.
The surface impedance and normal incidence acoustic absorption coefficient of all
samples was measured at Acentech in Cambridge, MA, according to ASTM Standard
E1050-12 [47]. The metal foam and flex foam samples were tested first; composites
were fabricated from the same metal foam samples and later tested.
Figure 4·1: Optical microscope images of (a) pure flex foam, (b)
zoomed in 10 PPI composite filled with flex foam, and (c) 10 PPI
composite filled with flex foam.
After testing, all samples were sliced down the center length-wise, and imaged
under an optical microscope (Figure 4·1) to confirm full saturation of the flex foam
into the metal foam. From Figure 4·1, it is clear that the flex foam has much smaller
pores (sub mm) compared to the metal foam. Furthermore, it was seen that flex foam
has a partially reticulated microstructure. There was evidence that the faces of some
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pores were completely sealed off with a thin membrane. Other faces were partially
open. Also, on inspection of the composite, the flex foam had bonded consistently to
the metal around the interface.
4.1.3 Experimental Results
The normal incidence, sound absorption coefficient for flex foam is plotted in Figure
4·2. The shaded region represents measured uncertainty in absorption when flipping
the sample end for end. The flex foam has a relatively high sound absorption, greater
than 0.8 for most of the frequency range. There is a low frequency resonance around
680 Hz. that is characteristic of a quarter wavelength elastic frame resonance [20].
Figure 4·2: Measured absorption coefficient of flex foam, layer thick-
ness of 48 mm. Shading represents measured absorption variation from
flipping sample end for end.
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Figure 4·3 shows the measured sound absorption for the 10 PPI metal foam and 10
PPI filled composite foam. For the filled composite, again the shaded region represents
measured uncertainty in absorption when flipping the sample end for end. The metal
foam showed nearly identical absorption when flipped end for end (indicated by nearly
no shading). The composite foam retained the low frequency resonance of flex foam.
This improved the sound absorption approximately 6 times (from 0.1 to 0.6) in the
low frequency test range, around 600 Hz. In the broadband response, the sound
absorption improved by a factor of about 2.
Figure 4·3: Measured absorption coefficient of 10 PPI metal foam
and 10 PPI filled composite foam, layer thickness of 48 mm. Shading
represents measured absorption variation from flipping sample end for
end.
Lastly, Figure 4·4 shows the measured sound absorption coefficient for the 40
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PPI metal foam and the 40 PPI filled composite foam. Again, there is a significant
improvement in sound absorption at low frequencies, however, not as dramatic of an
increase in the broadband response.
Figure 4·4: Measured absorption coefficient of 40 PPI metal foam
and 40 PPI filled composite foam, layer thickness of 48 mm. Shading
represents measured absorption variation from flipping sample end for
end.
In the next section, a lumped element model will be used to independently analyze
the sound absorption mechanisms.
4.1.4 Lumped Element Models
In this section, a lumped element model for the flex foam is developed. The model
is then simplified to deal with the case of a rigid foam and extended to deal with the
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case of the composite foam. Finally, the results of all three models are compared to
experimental measurements.
Flex foam: complex lumped element model
Consider a porous material consisting of air and skeletal frame. A longitudinal
wave can propagate in both the air and the frame (a shear wave is assumed not to
propagate due to normal incidence) [69–71]. Figure 4·5 is a schematic of a lumped
parameter model meant to capture both of these waves. The model can haveN chains;
the top chain represents air (subscript a) and the bottom chain represents the frame
(subscript f). The entire sample has cross sectional area A, length L, void fraction, φ,
densities of air and the frame ρa and ρf and bulk moduli Ka and Kf . The individual
spring stiffness of air, ka, is calculated by splitting up the entire stiffness of air in
the volume over all the chains (series arrangement, ka = NKaAφ/L). The stiffness
is assumed to be a real number for air. In a similar way, the mass of air is computed
based on sample dimensions and divided among each chain (ma = ρaALφ/N). The
force is applied to the end of both masses. The end masses are not fixed together,
both maintain independent degrees of freedom.
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Figure 4·5: Lumped element model for sound propagation for flexible,
porous media saturated with air.
For the frame, effective springs and masses can be computed the same way, however
the spring constant can be complex to include structural damping.
For a flexible porous material, the movement of air is coupled to the displacement
of the frame moving around it. The relative motion between the air and frame is
controlled by a dashpot cc and spring kc. For air, the coupling spring is taken to
be zero, however if both phases were solids, the coupling spring kc would model the
bond at the material’s joining interface. The dashpot models the viscous and thermal
losses that occur when the air moves past the frame.
The parameters used in this model are given in Table 4.1. Most of the parameters
can be directly measured or easily calculated using the material properties and sample
dimensions. The bulk modulus of polyurethane was estimated using a measurement
of the foam modulus and mass scaling laws [5]. The loss factor was taken to be
0.5 which is in the range of reported measured values for similar types of foam [60].
The coupling dashpot was a manually fitted parameter in this model. The number
of stages was initially chosen to be N = 96, to model approximately one pore of
polyurethane foam per stage.
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Table 4.1: Parameters used in lumped parameter model for flex foam
(fit parameters are marked).
density of air ρa 1.2 kg/m
3
cross sectional area A 9.6× 10−4 m2
length L 0.048 m
bulk modulus of air Ka 1.41× 105 Pa
volume fraction of air φ 0.933 -
stage air spring stiffness ka 2.5× 105 N/m
stage air mass ma 5.36× 10−7 kg
stage coupling dashpot (fit) cc 0.0313 N s/m
number of stages N 96 -
bulk modulus of polyurethane Kf 10× 106 Pa
density of polyurethane ρf 1065 kg/m
3
loss factor (fit) η 0.5 -
stage flex spring stiffness kf 1.28× 106(1 + .5i) N/m
stage flex mass mf 3.42× 10−5 kg
stage coupling spring kc 0 -
Metal foam: rigid frame model
For a rigid frame material, the model can be simplified to Figure 4·6. There is no
coupling spring for the rigid frame and air (kc = 0) and the frame stiffness kf appears
infinite. This grounds the coupling dashpot. Furthermore any disturbance will only
excite the air chain, thus the displacement of the free end of the sample is xNa. The
only unknown is the coupling dashpot, which represents the viscous and thermal loss
that occur between the air and the rigid frame. The parameters used in this model
are given in Table 4.2. The number of stages was initially chosen to be N = 12, to
model one pore per stage of the 10 PPI foam (4 mm pore diameter). It should also
be noted that for the rigid model considering no damping, the model would converge
to the wave equation as N →∞.
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Figure 4·6: Lumped element model for sound propagation for rigid,
porous media saturated with air.
Table 4.2: Parameters used in lumped parameter model for a the
metal foam rigid frame models (fit parameters are marked).
density of air ρa 1.2 kg/m
3
cross sectional area A 9.6× 10−4 m2
length L 0.048 m
bulk modulus of air Ka 1.41× 105 Pa
volume fraction of air φ 0.91 -
stage air spring stiffness ka 2.56× 103 N/m
stage air mass ma 4.18× 10−6 kg
stage coupling dashpot (fit) ×10−3 cc 3.3 [10PPI]; 5.4 [40 PPI] N s/m
number of stages N 12 -
Composite foam: extension of the complex lumped element model
Consider the flex foam embedded into metallic foam. This is now a 3 medium
problem, consisting of air, polyurethane, and metal. One could construct a lumped
element model consisting of 3 chains. From the rigid frame analysis presented earlier,
it can be seen that the effect of the rigid material is to add a grounding dashpot and
spring to the mass of the embedded material. Since the metal foam can couple to
the air and the flex material, 2 additional coupling systems are added to the complex
model, as shown in Figure 4·7. Since the air is not attached to the metal, the coupling
spring is zero, the same as the rigid case. However since the flex foam is bonded to
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the metal foam, there can be both a coupling spring and dashpot. The composite
material is broken up into N = 96 stages, again, one pore of flex foam is represented
by each stage. Not every stage will get grounded by the metal foam, only stages that
correspond to the spacing of the metal foam pores. For example, the 10 PPI foam
has a pore diameter of 4 mm, so every 12 out of 96 stages is grounded by the metal.
The parameters used in this model are given in Table 4.3.
Figure 4·7: Modification of complex model in Figure 6, for section of
the composite foam in contact with metal foam.
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Table 4.3: Parameters used in lumped parameter model for composite
foams (fit parameters are marked).
density of air ρa 1.2 kg/m
3
cross sectional area A 9.6× 10−4 m2
length L 0.048 m
bulk modulus of air Ka 1.41× 105 Pa
volume fraction of air φ 0.85 -
stage air spring stiffness ka 2.09× 105 N/m
stage air mass ma 4.44× 10−7 kg
stage coupling dashpot (fit) cc 0.0313 N s/m
number of stages N 96 -
modulus of polyurethane Kf 10× 106 Pa
density of polyurethane ρf 1065 kg/m
3
loss factor (fit) η 0.5 -
stage flex spring stiffness kf 1.17× 106(1 + .5i) N/m
stage flex mass mf 3.1× 10−5 kg
stage coupling spring kc 0 -
metal/air coupling dashpot (fit) cma 3.5 [10 PPI] 2.5 [40 PPI] N s/m
metal/frame coupling dashpot (fit) cmf 0.02 [10 PPI] 0.05 [40 PPI] N s/m
metal/frame coupling spring (fit) ×103 kmf 1.0 [10 PPI] 1.2 [40 PPI] N/m
volume fraction of metal φm 0.091 -
Modeling results
The equations of motion for the lumped element models can be assembled into
the global system F(ω) = D(ω)x(ω), where F is the forcing vector, D is the dynamic
stiffness matrix, and x is the displacement vector. For the rigid model, the dynamic
stiffness matrix is
D(ω) =
 ∆a −ka 0−ka . . . . . .
0
. . . ∆a − ka








and ∆a = −ω2ma + iωcc + 2ka. For the flex foam, the dynamic stiffness matrix is
D(ω) =
∆a + kc −iωcc − kc − ka 0 0 0
















. . .f ∆f − kf + kc











and ∆f = −ω2mf + iωcc + 2kf . In both systems, 0 represents filling the remainder of
the matrix of appropriate dimensions with zeroes. In this formulation, rows alternate
degrees of freedom from 1:N , the number of stages for the air and the polyurethane.
This is designated by
. . .a and
. . .f , respectively, which indicate repetition of every
other row.
The dynamic stiffness matrix for the composite foam is similar to that for flex
foam. The difference is that for stages that are grounded by the metal foam, additional
terms are added to the diagonal elements. For odd row diagonal elements, the added
term is +iωcma and for even row diagonal elements it is +iωcmf + kmf . Grounded
stages correspond to relative size differences between the metal and polyurethane
pores, for example the 10 PPI foam has a pore diameter of approximately 4 mm
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while the overall sample length is 48 mm, therefore one quarter of the stages are
grounded.
To compute the response of the system, a unit force is applied to the Nth degree
of freedom and the linear system is solved. Afterward, the acoustical indicators can





The absorption coefficient is calculated as
α = 1− |R|2, (4.2)





and Zair is the characteristic impedance of air.
Figure 4·8 shows the normalized surface impedance and absorption coefficient for
flex foam predicted by the model overlaid on the experimental measurements. The
agreement is evidence that the lumped element model can accurately model the sound
absorption. The advantage in using this lumped element model is that the number
of unknown foam parameters is greatly reduced.
For example, to use the Biot-Allard theory [65], one would need knowledge of
the foams transport properties, e.g. flow resistivity, tortuosity, thermal characteristic
length, and viscous characteristic length. These are typically difficult to estimate and
measure for a foam without specialized equipment. Using a lumped element model
is a simple way to group all the loss mechanisms into one loss constant, the coupling
dashpot.
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(a) Normalized surface impedance (by air) versus frequency.
(b) Absorption coefficient versus frequency.
Figure 4·8: Lumped element modeling results for flex foam
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Figures. 4·9 and 4·10 show the normalized surface impedance and absorption
coefficient predicted by the rigid lumped element model overlaid on the experimental
measurements for metal foam. There is a resonance in surface impedance that occurs
around 3.6 kHz. For a homogeneous medium, the analytical expression for impedance
at a surface, rigidly backed, is Z = −iZ0 cot (kL) [20]. Consider a column of pure air,
equal in size to the test samples. The first non-zero resonance occurs when cotangent
is undefined at kL = π, where k is the wavenumber and L = 48 mm is the sample
thickness. Solving for the frequency, one obtains f = c/(2L) = 3.57 kHz, where c
is the sound speed in air. Thus as expected for the rigid metal foam, it acoustically
behaves similarly to a damped air column.
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(a) Normalized surface impedance (by air) versus frequency.
(b) Absorption coefficient versus frequency.
Figure 4·9: Lumped element modeling results for 10 PPI aluminum
foam.
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(a) Normalized surface impedance (by air) versus frequency.
(b) Absorption coefficient versus frequency.
Figure 4·10: Lumped element modeling results for 40 PPI aluminum
foam.
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Lastly, Figures. 4·11 and 4·12 show the modeling results for the composite foams.
Comparing surface impedance of the composites to the pure flex foam in Figure 4·8
(a), it can be seen that the imaginary part remains relatively the same. The largest
effect is an increase in the real part of impedance, approximately 4 – 5 times higher
for the composite.
There are more unknown parameters for this case, specifically kmf , cmf , cc and
cma. The coupling dashpot cc between the flex foam and air is taken to be the same
value as for just the pure flex foam case. While the other parameters are fitted, the
physical explanation for these lumped elements is clear. The flex foam is bonded
to the metal foam at discrete locations. This bond is modeled by containing some
stiffness kmf and damping cmf . Furthermore there is now an interaction between
air and metal, cma, and the metal and frame cmf . The relative contribution of each
absorption mechanism is not clear by only looking at the magnitude of the dashpot
and spring constants. The velocity profiles need to be examined throughout the
length of the sample, from which the power loss from each element can be computed
and summed, whether it be a structural or viscous loss. This is discussed in the next
section.
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(a) Normalized surface impedance (by air) versus frequency.
(b) Absorption coefficient versus frequency.
Figure 4·11: Lumped element modeling results for 10 PPI composite
foam
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(a) Normalized surface impedance (by air) versus frequency.
(b) Absorption coefficient versus frequency.




For the pure flex foam, there are two distinct mechanisms for absorption, the acoustic
thermo-viscous effects, and the structural damping effects. The thermo-viscous effects
are modeled by one dashpot; the time-average dissipated power can be computed from
the complex velocity amplitude, v, by P = (1/2) ccRe{vv∗}. The structural damping
effects are modeled through a complex stiffness; the time-average power dissipated
can be computed by P = (1/2) Re{kfxv∗}, where x is the complex displacement
amplitude. Note that if kf were purely real, no power would be absorbed by the
spring. The velocity profile is important in determining the relative contribution for
each mechanism. Figure 4·13 shows the velocity profile (20 log10 |v|/|vmax) for both
the air and the frame. Both profiles are in dB, where the velocity has been normalized





Figure 4·13: Velocity profile (20 log10 |v|/|vmax) in dB for the flex
foam model.
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The velocities approach zero at the rigid wall where the normalized sample length
approaches 1. The power absorbed by each mechanism is computed individually and
normalized by the incident power (which is by definition, the absorption coefficient).
This result is shown in Figure 4·14. At low frequency, the structural effects dominate,
while at higher frequency, the thermo-viscous effects dominate.
Figure 4·14: Power absorption mechanisms for the flex foam model.
For the metallic foam, all of the absorbed power is attributed to viscous and ther-
mal losses at the air and metal interface. This is modeled by a number of discrete
dashpots, positioned throughout the length of the sample. The time-average dissi-
pated power can be computed by P = (1/2) ccRe{vv∗}, which is the total dissipated
power in this case. Figure 4·15 shows a color contour of the velocity profile over
frequency and sample length for the 10 PPI metal foam model (the white space is
because the normalized length equal to 1 position is not a degree of freedom in the
model nor is the logarithm of the velocity defined; the velocity is zero at the rigid
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wall.)
Figure 4·15: Velocity profile (20 log10 |v|/|vmax) in dB for the 10 PPI
metal foam model.
The velocity is seen to be maximized near 1.7 kHz. Again, comparing to a col-
umn of air, the analytical solution for the standing velocity profile in a homogeneous







where P0 is a source pressure amplitude. This is maximized for the denominator equal
to zero, or kL = π/2. Solving for the frequency, one obtains f = c/(4L) = 1.786 kHz.
For the composite, the 10 PPI model will be considered. The velocity contours
are plotted in Figure 4·16. For this case, the velocity of the frame is generally higher
than air. There are a total of four distinct power absorption mechanisms that have
been identified in the model. Two are the same as pure flex foam, while the additional
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Figure 4·16: Velocity profile (20 log10 |v|/|vmax) in dB for the 10 PPI
composite foam model.
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Similarly to what was done with the flex foam, the individual absorbed power for
each mechanism is computed and plotted in Figure 4·17.
Figure 4·17: Power absorption mechanisms for 10 PPI composite
foam model.
For this case, the main absorption mechanism is the structural damping of the
flex foam. The effects of the thermo-viscous damping have been greatly reduced in
the flex foam. This can be explained physically by considering that the metal greatly
reduces the relative velocity of the air and flex foam.
4.1.6 Rigid-Framed Model
In this section, a rigid-framed, two parameter model is used to further study the
effects of the composite foam. The model used considers an ideal porous material
made up of uniform cylindrical holes [77]. The inputs to the model are only the
diameter and porosity, in addition to the standard properties of air. Although this
model does not exactly represent the microstructure of the metal and polyurethane
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foams, it has been used previously for these types of foams [21], has the advantage
of fewer parameters, and can be used to elucidate global trends in sound absorption
for composite foams. Other simplified models such as [78] have been shown to very
accurately model porous materials provided they follow a log-normal distribution. In
the present study, this model was not used, however, because the pore size distribution
of the metallic foam is known to follow a bimodal distribution [79]. The composite
foam is also not expected to follow a log-normal distribution since it is comprised of
the metallic foam and flex foam, with two distinct pore sizes.
A detailed derivation of this model can be found in Chapter 4 of [20]. For this
model, the surface impedance is given as
Zs = −iZc cot (kL)/φ. (4.5)
The characteristic impedance Zc and the complex wave number are
Zc =
√
K̃ρ̃, k = ω
√
ρ̃/K̃. (4.6)
To compute the complex bulk modulus K̃ and complex density ρ̃ for the fluid-

































and the flow resistivity σ = 8η
R2φ
for the
circular pores. Furthermore, B is the Prandtl number squared(.7072 used for air), γ is
the specific heat ratio (1.4 used for air), η is the dynamic viscosity (18.18×10−6N s/m2
used for air), R is the pore radius, and J1 and J0 are Bessel functions of the first kind
of order 1 and 0, respectively. Equations (4.2) and (4.3) can then be used to compute
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the acoustic absorption.
For this comparison, 3 foams will be identified. Foam A has a porosity of 0.91
and characteristic diameter of 4 mm, similar in scale to the 10 PPI metallic foam.
Foam B is scaled similarly to the polyurethane foam, with a porosity of 0.933 and
diameter of 0.5 mm. Lastly, foam C represents the composite foam. The composite
consists of aluminum and polyurethane foam, with volume fractions of 0.09 and 0.91,
respectively. To determine the characteristic diameter, the diameters of foams A and
B are weight averaged by volume fraction. The characteristic diameter is computed
as
dC = φAdA + φBdB (4.9)
0.82 mm = (0.09)(4.0 mm) + (0.91)(0.5 mm) (4.10)
All foams are plotted in the Figure 18, alongside the experimental data.
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(a) Absorption coefficient versus frequency for the cylindrical pore
model.
(b) Experimental absorption coefficient versus frequency.
Figure 4·18: Absorption coefficient comparison for the rigid-framed
model.
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It can be seen that the rigid cylindrical pore model best matches the experimen-
tal results for the pure metallic foam (comparing Foam A with 10 PPI). Globally,
compared to foam A, the composite foam C has a significantly increased absorption
coefficient which is due to the composite being filled with another foam that has a
smaller pore size, even thought the volume fraction of air decreases. This is mod-
eled by a decrease in characteristic diameter in foam C compared to foam A, which
increases the boundary layer thermal and viscous losses and therefore increases the
absorption coefficient. Foam C does not perform as well as foam B because a fraction
of the volume is occupied by a different solid material (metal) rather than the porous
material, and this lessens the absorption capability of the material.
4.1.7 Conclusion
A composite foam was fabricated by embedding a soft, polyurethane foam into an
open-cell metallic foam. The composite retained the high static stiffness of the metal
foam while significantly improving the sound absorption compared to metal foam. A
lumped element model was used to compute the surface impedance and absorption
coefficient for three different types of foams: pure metal foam, pure polyurethane
foam, and the composite. The model shows good accuracy compared to experimental
measurements and can be used to understand the different absorption mechanisms
that occur in foams. Finally, the two parameter rigid cylindrical model used in this
section provided insight into acoustic absorption trends for foam-in-foam composites.
4.2 Vibration Damping of Fluid-Saturated Metallic Foam
The remainder of this chapter presents an investigation into vibration damping of
metallic foams that are saturated by viscous liquids. For open-cell foams, a fluid
is able to completely saturate the metal skeleton. This allows for increased energy
transfer and therefore increased damping for a foam that is saturated with a viscous
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liquid. Two sets of experiments and analysis are discussed. First, results for steady-
state transmissibility for fluid saturated metallic foams are given. Finally, results for
transient ring-downs are examined.
4.2.1 Introduction
Some of the first investigations into damping of fluid saturated foams were done by
Kosten and Zwikker [12] for sponge rubber. They developed an impedance model to
take into account both the effects of the sponge as well as effects of the air based
on a piston cylinder arrangement with relief tube. This model is discussed further
in detail by Gent and Rusch [13], who identify two frequency regimes of interest.
At low frequency, the flow resistivity through the foam pores is sufficiently low that
will allow air to be forced through the foam and contribute to damping. At high
frequency, the “piston” is moving too fast to force any air through the foam such that
the air contributes mostly to added stiffness. They indicate experimentally as well as
theoretically that there is a frequency between the two regimes for which the damping
is maximized. Modifications to the Gent and Rusch theory were added later in [14]
to include inertial effects of vibrating foams. The theory is validated experimentally
using a flexible foam saturated with oil.
Limitations of the piston-cylinder model developed by Kosten and Zwikker come
from difficulty in mathematically mapping parameters in the model (tube length,
radius) to parameters of real foams such as pores size and porosity. Patten et. al [80]
developed a mechanistic model of a seat cushion which took into account linear and
non-linear damping effects which were linked to the constitutive properties of the
foam. This model was used [81] to study vibration transmissibility of conventional
as well as negative Poisson ratio foams. Experimental results showed that the foam
with negative Poisson ratio had a higher dynamic stiffness and a higher damping
ratio. Energy dissipation mechanics in porous solids in terms of Biot theory were
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described in a 2006 paper by Goransson [82].
Lastly, a polymer-metal composite foam was fabricated and tested by Yin and
Rayess [19]. The composite showed increased stiffness and damping compared to
both host materials, however it was only tested up to 2 Hz.
4.2.2 Steady State Vibration
When a structure is subject to base excitation, some of the energy is transmitted
through the structure and some of the energy is lost to heat due to damping. To
determine the transmitted vibration, a common experimental method is to excite the
base of a structure over a desired frequency range and then measure acceleration at
the top and at the base of a structure. The ratio of the accelerations is known as
the transmissibility. The mass, stiffness, and damping properties of the structure all
determine how much energy is transmitted and how much energy is dissipated.
Experimental Setup
The experiments described in this section were designed to enable measurement of
steady state vibration transmissibility through fluid saturated aluminum foams sub-
jected to a frequency dependent base excitation. Two inch cube foam samples were
specially prepared for these tests. To enable mounting and attaching of masses, alu-
minum discs (3 inch outside diameter and 1/4 inch thick) were bonded to the top and
bottom of foam samples with a two-part, slow-setting structural epoxy. Additionally,
the aluminum discs were tapped with 1/4-20 holes at the center. This allowed for
threaded connections to masses and support structures. The prepared foam samples
are shown in Figure 4·19.
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Figure 4·19: 20 PPI (left) and 40 PPI (right) aluminum foam samples
bonded to 3 inch diameter aluminum discs. The discs are tapped with
1/4-20 threads allowing the foam to mounted.
The experimental setup is shown in Figure 4·20. The foam was seated in a small
tub, approximately 2 liters in volume. The tub had a small through hole and seal at
the bottom, which allowed the foam to be fastened to the shaker stinger underneath
the tub. Modular steel masses (3 inches outside diameter and 2 inches tall) were also
machined with threaded ports on the top and bottom, allowing for interconnecting
arrangements of masses to be added on top of the foam.
The entire setup was attached to the shaker by a 4 inch long stinger, approximately
1/8 inch outside diameter. The shaker used in this experiment was a permanent
magnetic shaker, model LDS V408, with a specified useful frequency range of 5 Hz
- 9 kHz. The shaker was not designed to support any static load. As a result, the
entire static weight was loaded on a support structure, which was comprised of an
80/20 frame and rubber padding. This support structure protected the shaker from
the high static load while still enabling the shaker to exert a dynamic load. The
accelerometers used in this experiment were Brüel & Kjær type 4534-B. They were
111
mounted with beeswax to the top dead center of the mass and bottom dead center
underneath the the foam tub.
Figure 4·20: Schematic of experimental setup for steady state vibra-
tion experiments. The metallic foam is supported from the bottom,
attached to a shaker, and placed in a tub allowing for complete fluid
saturation.
The shaker was connected to an amplifier type PA500L. Additionally both the
amplifier and accelerometer signals were connected to the data acquisition box, mod-
ule LAN-XI. This acquisition hardware was connected to a desktop computer and
had 3 inputs and 1 output, which simultaneously controlled the shaker and recorded
acceleration levels from both accelerometers. For the tests described in this section,
a payload of approximately 2.7 kg was attached to the foam. The excitation to the
shaker was a white noise signal in the range of 5-800 Hz. In this frequency range,
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the amplitude of base displacement did not exceed 2 microns. The Brüel & Kjær
software PULSE Reflex was used to control the shaker and record the acceleration
measurements. Post processing of the data was done in MATLAB.
This experimental setup allowed for many different experiments by varying the
saturating fluid. First, a control test was run with air as the saturation fluid. Subse-
quent tests were done with other saturating fluids by filling and emptying the tub and
drying out the foam. Descriptions of the fluids and resulting vibration characteristics
are presented in the next section.
Experimental and Analytical Results
An image of the test setup with motor oil as the saturating fluid is shown in
Figure 4·21. Five separate tests were run with 5 different fluids: air, motor oil,
water, glycerol, and petroleum jelly. For all fluids except the petroleum jelly, it
was straightforward to saturate the foam by pouring the liquid and filling the tub.
The flow resistivity of the foam was sufficiently low enough to allow these fluids to
completely fill the pores. Since the petroleum jelly is a semi-solid, it was first melted
down, poured in the foam pores, and then allowed to cure within the foam pores. In
a similar way for removal, the foam was heated, changing the petroleum jelly to a
liquid and allowing it to drip out.
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Figure 4·21: Shaker setup with a 20 PPI aluminum foam saturated




Figure 4·22: Acceleration transmissibility versus frequency for a 20
PPI aluminum foam saturated with various fluids for (a) the entire test
frequency range, and (b) zoomed in near resonance.
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The acceleration transmissibility magnitude for the five different saturating mate-
rials is shown in Figure 4·22. At low frequency it continues to approach one, indicating
a rigid body motion where the top and bottom of the structure move in unison. For all
materials there is one resonance, occurring near 340 Hz for all except the petroleum
jelly which is near 395 Hz. This resonance is similar in characteristics to the resonance
of a single degree of freedom harmonic oscillator, when the base is nearly stationary
and most of the energy has been transmitted to the top of the structure, resulting in
a local large amplitude of vibration. The frequency of this resonance is determined
by the payload mass on the foam as well as the apparent stiffness of the foam. Since
the petroleum jelly is a semi-solid, it likely contributes greater to the bulk stiffness of
the foam, thereby pushing the resonance to higher frequency.
The magnitude of transmissibility at resonance is determined by the damping.
When the foam is vibrating, it is globally compressing and expanding which causes
some of the fluid to move relative to the foam. Depending on the viscosity of the fluid,
more or less energy may be dissipated to the fluid. Therefore, the entire system may
be approximately modelled and understood as a mass-spring-dashpot system excited
at its base. In this model, the top weights are the mass, the metallic foam is the
stiffness, and the saturating fluid interacting with the metallic foam is the dashpot.
To quantify damping for a transfer function in the frequency domain, the half
power bandwidth method method can be used. Considering light damping, the damp-









where ωn is the natural frequency and ω1 and ω2 are frequencies above and below
resonance where the amplitude drops by a factor of (1/
√
2) (3 dB). The computed
damping ratios as well as approximate fluid properties are given in Table 4.4.
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From the table, it is clear that the metallic foam saturated with petroleum jelly
has the highest damping with a damping ratio approximately 5 times greater than
the control sample.









Air 1.98× 10−5 0.0068 343.2
Motor oil 8.00× 10−2 0.0237 343.1
Petroleum Jelly 6.40× 101 0.0352 394.1
Glycerol 1.00 0.0137 346.4
Water 8.90× 10−4 0.0101 340.3
Figure 4·24 shows the non dimensional damping ratio plotted versus the dynamic
viscosity of the saturating fluid for all of the experiments (dynamic viscosities of the
fluids are plotted on a logarthmic scale because the values span nearly 6 orders of
magnitude).
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Figure 4·23: Damping ratio versus dynamic viscosity for five different
saturating materials.
The calculations of damping ratio implicitly assume a lumped parameter model
of the experiment in which the saturated foam is modeled as a spring in parallel with
a dashpot between two rigid masses. An analytic model of this system gives the
transmissibility T as
T =
∣∣∣∣ ω2n + i2ζωωnω2n + i2ζωωn − ω2
∣∣∣∣ (4.12)
This model was fit to the experimentally measured transmissibility for petroleum jelly.
The fit was performed by estimating ωn and ζ in the model and computing the root-
mean-square error between the measured transmissibility and the model in (4.12).
The values of ωn and ζ were automatically varied by a simplex search algorithm
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to minimize the error. The resulting modal properties are listed in the captions of
Figures 4·28 and 4·29.
Figure 4·24: Comparison between experimentally measured transmis-
sibility for metallic foam saturated with petroleum jelly and an analyt-
ical model given in (4.12). Parameters in the model are fn = 395 Hz
and ζ = 0.033.
4.2.3 Transient Vibration
Transient vibration occurs when a structure is subject to an initial condition which
causes some time dependent response prior to reaching a steady state. The initial




The experiments described in this section were designed to enable measurement
of transient vibration through saturated metallic foams subject to an impact force.
The same metallic foam specimens with bonded aluminum discs (described in section
4.2.2) were used again. For this test, first a 0.9 kg mass was attached to each end of
the control sample (air saturated metallic foam). The assembly was then suspended
by two elastic supports. This was meant to test the assembly in a configuration with
free-free boundary conditions for longitudinal vibration. A single accelerometer was
placed dead center on one of the masses. The other mass was struck dead center
by an instrumented impact hammer (Brüel & Kjær type 8206-002).The test setup is
shown in Figure 4·25.
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Figure 4·25: Schematic of experimental setup for transient impact
experiments. The metallic foam is mass loaded and suspended by elas-
tic supports. The foam is struck at one end by a hammer and the
acceleration is measured at the opposite end.
In addition to the control test, the metallic foam was saturated with petroleum
jelly as described in section 4.2.2. Since the petroleum jelly is a semi-solid, it was
self contained within the foam and did not require an additional housing to support
the saturating material. The metallic foam saturated with petroleum jelly is shown
in Figure 4·26.
In the next section the measured acceleration versus time data is presented for
both the control sample and the sample saturated with petroleum jelly.
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Figure 4·26: A 40 PPI, 92% porosity aluminum foam saturated with
petroleum jelly that is mass loaded at each end and suspended by elastic
supports.
Experimental and Analytical Results
The results for the impact experiments are shown in Figure 4·27. The acceleration
versus time plots indicate that the assembly is ringing down in a single mode. In terms
of lumped elements, the assembly can be thought of as two masses that are connected
with a spring and dashpot. It can be seen that the petroleum jelly greatly reduces the





Figure 4·27: (a) Comparison of transient ring-downs for a 40 PPI, 92%
porosity aluminum metallic foam, saturated first by air, and secondly by
petroleum jelly. The decay time to nearly zero acceleration is reduced
from approximately 0.18 seconds to 0.015 seconds by saturating the
foam with petroleum jelly. (b) Fast Fourier Transform of the ring-
downs in the top plot.
For each experiment, a modal fit was performed to determine modal properties.
The modal fit had the form
a(t) = [A cos(ωdt) +B sin(ωdt)] exp(−ζωnt), (4.13)





The fit was performed by estimating ωn and ζ and performing a least-squares fit to
data to determine A and B. Next, a root-mean-square error was computed between
the modal fit and the data. The values of ωn and ζ were automatically varied by a
simplex search algorithm to minimize the error. The resulting modal properties are
listed in the captions of Figures 4·28 and 4·29.
Figure 4·28: Transient ring-down for a 40 PPI, 92% porosity alu-
minum metallic foam saturated by air. Parameters in the model are
fn = 783 Hz, ζ = 0.006, and amax = 139 m/s
2.
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Figure 4·29: Transient ring-down for a 40 PPI, 92% porosity alu-
minum metallic foam saturated by petroleum jelly. Parameters in the
model are fn = 874 Hz, ζ = 0.070, and amax = 108 m/s
2.
For the petroleum jelly saturated foam in Figure 4·29, it can be seen that the
damping ratio is over an order of magnitude greater than the control sample. Also
the natural frequency is higher for the petroleum saturated foam, consistent with
the same trend observed in section 4.2.2. Because of the different mass loading in
this experiment compared to the shaker experiment, the natural frequencies were
different and the damping ratios, although both higher than the control samples,
were also different. These results suggest that the petroleum jelly filled metallic foam
has a frequency dependent damping ratio.
The model described above is now used to estimate the natural frequency of 783 Hz
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that was observed in Figure 4·28 for the aluminum foam saturated by air. The mode
shape associated with the fundamental frequency is symmetric about the midpoint












and where L is half the length of the foam due to symmetry, the measured mass is
m = 0.9 kg, and E denotes the elastic modulus.
As discussed in Chapter 2, there is a large range of measured elastic moduli for
foams of the similar relative densities. Using a value of E = 200 MPa, near the lower
end of the range, gives a natural frequency of fn = 802 Hz, which yields a 2.4%
difference between the estimated and measured natural frequencies.
4.2.4 Conclusion
In this section, vibration damping and isolation were investigated experimentally for
fluid saturated metallic foams. Five fluids were tested on a shaker setup to measure
steady state vibration trasmissibility. For four of the fluids, an increase in damping
ratio was seen with increasing dynamic viscosity. A metallic foam was also saturated
with petroleum jelly and tested for transient response to an impact. For this mate-
rial, the damping was shown to increase by an order of magnitude compared to the
conventional foam. Damping ratios were found to be frequency dependent and fur-
ther experimental work would be needed to characterize the optimal frequency range,
similar to as discussed in [13].
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Chapter 5
Estimating Acoustic Absorption in Foams
Using Finite Element Analysis and
Boundary Layer Theory
5.1 Approximations for Acoustic Absorption in Foams using
an Infinite Planar Model
In this chapter, a method for estimating acoustic absorption in foams is presented
using a combination of micro-computed tomography, finite element analysis, and
boundary layer loss theory. In the method, the foam is assumed to be rigid framed
and the viscous and thermal boundary layers at the fluid and frame interface are
assumed to be small compared to foam dimensions. The boundary layer losses are
approximated using an infinite planar model. The method is demonstrated for a
commercially available open-cell metallic foam and allows for absorption to be es-
timated without determination of any intermediate variables that are required in
existing methods. Enhancement of sound absorbing properties by selection of foam
properties, such as porosity and pores per inch, is discussed. Furthermore, predicted
absorption trends agree with other published models and experimental data. A simpli-




Metallic foams are composites that consist of a complex porous metal microstructure
saturated by a fluid. A number of manufacturers of metallic foam exists, however there
is limited technical information available regarding vibration or acoustic properties
from these manufacturers. This section proposes a method to characterize acoustic
properties in porous materials. The method consists of four steps. The first step
is creating a high-fidelity representation of the foam geometry using micro-computed
tomography (micro-CT). The second step is the construction of a finite element model
whose mesh includes the saturating fluid. The third step is an acoustic analysis
using the finite element method. The fourth step is an estimate of dissipation using
existing boundary layer theory [84], [85]. Using this method, acoustic absorption
trends are predicted and modeled for a commercially available metallic foam. The
sound absorption as a function of common foam specifications such as relative density
and pores per inch (PPI) is discussed.
This method is demonstrated by considering a normally incident pressure exci-
tation on a layer of metallic foam. The metallic foam is not a periodic structure.
However, there are approximate finite element methods [86] which enable use of pe-
riodic boundary conditions with mismatching geometries. Therefore the proposed
method could be utilized with more general excitations such as oblique incidence.
The complex microstructure of metallic foams makes them difficult to analyze
numerically; however, techniques have been developed to mesh and model exact mi-
crostructures. Using a combination of micro-CT scanning, image processing, and
meshing software, complete three-dimensional meshes can be created from physical
samples and imported into finite element analysis (FEA) software to study microstruc-
tural phenomena. The advantages of this method are the ability to capture the true
microstructure of the material and to visualize the solution field of interest. This
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technique has been used in the literature, for example, to examine elastic and plastic
behavior of an open-cell metallic foam subject to tension [87] and a closed-cell metal-
lic foam in compression [88]. Micro-CT scans have also been used for studying foam
statistics and constructing representative unit cells [89].
Experimental measurements have been used to characterize sound absorption in
both open-cell and closed-cell foams. In general, open-cell foams have superior sound
absorption because they allow propagation of the acoustic wave further into the mate-
rial, whereas much of the energy is purely reflected for closed-cell foams. Lu et al. [21]
improved sound absorption in a closed-cell aluminum foam by modifying the foam
through rolling and hole drilling processes. Han et al. [22] looked at effects of pore
size, sample thickness, and inclusion of an air-gap backing for an open-cell aluminum
foam fabricated through a high-pressure infiltration process. They found that smaller
pore sizes had the best absorption when there was no gap, while inclusion of an air
gap increased absorption because it changed the resonant conditions.
Additionally, Ke et al. [90] fabricated an open-cell foam which had a graded mi-
crostructure. This gradual decrease in pore size across the thickness of the sample led
to superior absorption compared to a foam with larger uniform pore size fabricated
by the same method. Experimental difficulties can, however, arise from limited test
frequency range due to impedance tube constraints, limited sample size, difficulty
machining metallic foam samples to exact dimensions, and definition of the front
(leading) surface for porous materials in an impedance tube [47].
To overcome these difficulties and to provide further insight on absorption mecha-
nisms, many modeling efforts have been proposed. Most modeling efforts for metallic
foams have relied on the assumption that the foam skeleton acts as a rigid frame,
and there is one acoustic wave that propagates through the fluid surrounding the
foam [21]. In this way, the foam and surrounding fluid can be treated as an effec-
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tive fluid medium, [20] in which two frequency dependent complex parameters are
necessary to characterize the foam absorption.
One of the most prevalent models is the Johnson-Champoux-Allard (JCA) model
[44], [45], which uses five independent properties of the foam (porosity, permeability,
tortuosity, thermal characteristic length, viscous characteristic length) to characterize
the viscous and thermal acoustic losses. This model was extended by Lafarge [48] to
include an additional term, the static thermal permeability (JCAL model), and by
Pride [49] to include two additional tortuosity terms (JACPL model). Use of these
models requires either direct measurement or computational modeling to determine
the five to eight material parameters that describe the foam. These models have also
been used to propose absorbing layer designs, for example closed-cell metallic foams
with perforations [91] and lattice type fibrous materials [2]. Furthermore, Wang et
al. [92] proposed a point-matching method for optimizing acoustic properties for some
cellular solids, but was limited to 2D structures. Lu et al. [93] developed an analyt-
ical model for idealized foams made through a negative-pressure infiltration process;
however, they were limited in looking at foams of void fractions up to 0.7 while many
metallic foams are made from different processes, have different microstructure, and
can have void fractions up to 0.97.
In the next section, the materials and method used to estimate absorption are
described. The advantage of the method is the ability to create high fidelity finite el-
ement models of metallic foam from micro-CT scans and use those models to estimate
sound absorption without the determination of any intermediate variables. Section
5.1.3 presents results of the method with comparisons to published theory and ex-
perimental data. By using the method, effects of viscous and thermal losses can be
analyzed independently. Finally, section 5.1.4 presents a study on the accuracy of the




Aluminum foam samples with approximately 9 percent nominal relative density
and 40 pores per inch were obtained from ERG Aerospace Corp. (Duocel) for this
study. Samples were cut smaller than 1 cubic inch and imaged (Figure 5·1) with a
Scanco micro-computed tomography scanner at Boston University.
Figure 5·1: Single image from a micro-CT scan showing cross sectional
view of a Duocel 40 PPI aluminum foam. Light region is the aluminum
and dark region is the air.
The commercial software Simpleware ScanIP was utilized to create FEA meshes,
utilizing image thresholding and smoothing filter algorithms available with this soft-
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ware. Meshes of both the foam and void space surrounding the foam were created,
as shown in Figure 5·2. For the acoustic analysis presented here, the rigid frame
assumption is employed due to the high stiffness of metallic foam relative to air, [92]
thus only the air in the void region is used in the analysis.
(a) (b)
Figure 5·2: Meshes constructed from micro-CT scans for (a) the metal
foam and (b) the void space.
Acoustic finite element analysis
In this section, the normal incidence absorption coefficient is considered in air.
A metallic foam layer 6 mm by 6 mm in cross section and 48 mm in thickness was
constructed from the mesh in Figure 5·2 (b) for later comparison to published data.
The Helmholtz equation is solved in the void region of the foam, applying a specified
pressure amplitude at one end of the layer and rigid boundary condition at the other
end. The lateral faces of the layer had zero-normal-velocity imposed. The mesh is
resolved such that there are at least 10 nodes per acoustic wavelength at the highest
frequency, 6 kHz in this study. The commercial software COMSOL Multiphysics was
used. The solution fields are shown in Figure 5·3 for 6 kHz. In this analysis, the
applied pressure amplitude was real, the sample was rigidly backed, and there was
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no intrinsic material damping in the finite element model. Therefore, the velocity
everywhere is out of phase with the pressure. As a result, the complex pressure
field is purely real and the complex velocity field is purely imaginary. At 6 kHz, the
acoustic wavelength in air is 5.7 cm. This is greater than the sample thickness of
48 mm and much greater than the pore diameter of approximately 1 mm, thus the
acoustic field is not strongly affected by the foam microstructure. However, there is a
three-dimensional velocity field at the fluid and frame interface from which both an
accurate tangential velocity profile and corresponding surface area of the mesh are
needed from the finite element solution.
Note that damping in the air is ignored in this step. The calculation of losses
is discussed in the next section below. One could consider utilizing a complete nu-
merical thermoviscous acoustic solver for this case, solving a form of the linearized
Navier-Stokes equations in the frequency domain. However, this method is computa-
tionally intensive because the mesh must resolve spatial variations in the boundary
layer, which decreases with an increase in frequency. For example, at 0.5 kHz the
viscous boundary layer is 98 microns, and at 5 kHz it is 31 microns in air. Thus for
a complex microstructure with dimensions on the order of 50 mm, a complete ther-
moviscous solution is computationally infeasible. In the next section, an alternative,
computationally efficient method is presented which leverages boundary layer theory
for the case of small boundary layer to estimate acoustic losses.
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(a) (b)
Figure 5·3: Semi-transparent view of solution field at 6 kHz for (a)
real component of pressure and (b) imaginary component of velocity.
The applied pressure is at the top of the figure.
Thermal and viscous losses
The estimation of absorption from thermal and viscous losses is carried out in
the regime where the boundary layer is small compared to geometry. This method
has been predominantly used for resonators and cavities with relatively simple ge-
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ometries [84], [85], [94]. To the authors’ knowledge, this method has been partially
discounted [94] and not been previously used elsewhere for estimating absorption in
porous materials. This is likely due to either difficulty modeling the exact microstruc-
ture or the porous absorbers themselves having geometry at similar length scales to
the boundary layer. Indeed for some foams, the latter can be true over a large fre-
quency range. However many foams (including metallic foams) can have pores sizes
on the mm scale and boundary layers on the order of 15-100 microns between .5-20
kHz. This means the foam dimensions are 1-2 orders of magnitude larger than the
boundary layers, which warrants investigation of using the boundary layer loss theory
for porous materials.
The analysis begins by considering a fluid oscillating over a rigid flat wall. Follow-
ing previous derivations, [95], [84] the solution for the tangential or shearing velocity
profile is








and the tangential velocity u is a function of height y above the wall and time t.
The velocity ut is the fully developed tangential velocity amplitude just outside the
boundary layer, ν is the kinematic viscosity, and ω is the angular frequency. The








where ρ is the density and µ is the dynamic viscosity. Approximating the boundary
layer as small, one can write an expression for the dissipated power per unit area,
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From Equation 5.4, it is clear that the viscous power dissipated per unit area is a func-
tion of the velocity just outside of the boundary layer, ut, thereby allowing velocity
fields computed from an undamped acoustic analysis to be used as an approximation
in the limit of small boundary layer.
The analysis for thermal losses is similar to that of viscous losses. Temperature
fluctuations give rise to pressure fluctuations, and using an ideal gas relationship, the













where γ is the specific heat ratio, p is the pressure right outside the boundary layer,




To calculate the total power absorbed, Equations 5.4 and 5.5 are integrated over
the appropriate surface area. For a metallic foam, this is the outer surface area of the
foam. For viscous losses, only the tangential component of velocity across a surface
contributes to losses, and this must be tracked in the integration. By definition,
the absorption coefficient is the ratio of absorbed power to incident power, and can







〉v + 〈dEsdt 〉th dS
Pin
, (5.7)
where Pin is computed from the acoustic analysis boundary condition of applied
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pressure. All properties used for air in the simulation and loss calculations are listed
in Table 5.1.




D 2.170× 10−5 m2/s
ν 1.515× 10−5 m2/s
γ 1.4 -
5.1.3 Results and discussion
Absorption results and model verification
The absorption coefficient versus frequency for the aluminum metallic foam is
shown Figure 5·4. An important capability of this approximate analysis is the ability
to independently analyze the viscous and thermal losses. It can be seen that viscous
effects dominate. In general, the directionality of the foam microstructure would
affect the thermal losses. However, for air at the frequencies studied in this section,
the thermal boundary layer is so small (e.g. approximately 80 microns at 1 kHz) that
the thermal losses are not highly due to local effects, but are dominated by changes in
the overall pressure field (through ideal gas relationships). Also, there appears to be
an onset of two peaks (at 2.4 and 5.8 kHz); these are related to damped resonances
of the layer. Specifically, consider a tube of air closed at one end and open at the
other, with a thickness of 48 mm. If damping is neglected, the standing modes can be
computed from fn =
nc
4L
, where n is an odd integer (1,3,...), c is the sound speed, and
L is the length. The first two modes are f1 = 1.79 kHz and f2 = 5.36 kHz. Although
it is not expected that the undamped modes match the absorption modes exactly, it
can be seen that the periodicity of the absorption peaks can be attributed to sample
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length due to a very similar change in frequency between the first two modes for both
cases.
Figure 5·4: Viscous, thermal, and total acoustic absorption of 40
PPI Duocel aluminum foam of thickness 48 mm computed from the
approximate method.
For validation, the proposed method was compared to published experimental
data [1] and implementation of the JCAPL model, [1] shown in Figure 5·5. There is
good agreement between all three except at low frequencies, in which the experimental
data shows a resonant spike which is likely an experimental artifact.
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Figure 5·5: Comparison of acoustic absorption with published JCAPL
model [1] and test data [1].
Effects of porosity and PPI
Metallic foams, such as those manufactured by ERG, can be fabricated with vary-
ing relative densities and PPI while retaining similar geometrical structure. Since
viscous and thermal losses are integrated over the surface area of the foam, it follows
that foams with a larger surface area will be better absorbers, as long as the assump-
tion of small boundary layer remains valid. The following analysis is a way to predict
how surface area scales with changes in foam parameters.
An ideal unit cell for an open-cell foam, proposed by Gibson and Ashby [5], consists
of interconnected square beams with thickness t, and length L. From mass and
geometrical relationships, the following can be derived. The volume, relative density,
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surface area, and PPI scale, respectively as:



















It is expected that the specific surface area increases with increasing PPI and
increasing square root of relative density. To study this effect, a total of eight meshes
of varying relative density for 20 PPI and 40 PPI metallic foams were analyzed. An
additional micro-CT scan of a 20 PPI metallic foam was done. To create models
with varying relative density, image thresholding was controlled in ScanIP in order to
retain the same PPI structure but create a new digital design of a realistic structure
that could be fabricated.
The specific surface area versus relative density was calculated from the meshes
and plotted in Figure 5·6; the trends predicted from Equation 5.12 are apparent.
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Figure 5·6: Specific surface area versus relative density for eight dif-
ferent meshes created through image thresholding in ScanIP.
The analysis described in Section 5.1.2 was utilized for all meshes and the ab-
sorption is plotted in Figure 5·7. The trends indicate that the optimum absorption
is achieved for larger PPI (smaller pore sizes) and higher relative density.
Results have been reported in the literature for similar pore sizes [22], [90], [93]
although the type of metallic foam, fabrication method, and fluid medium can all
effect this trend.
This is more apparent considering relative density; continuing to increase relative
density (and decrease void fraction) drives the material to becoming less like a foam,
and more like a solid metal, thereby increasing reflected energy and reducing sound
absorption performance. Typically this would be for higher relative densities (20 to
25 percent [96]), that are above the values studied in this section and even above




Figure 5·7: Absorption coefficient versus frequency for varying relative
density for (a) 40 PPI and (b) 20 PPI
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5.1.4 Regimes of Accuracy
The section presents the accuracy of the approximation compared to a complete
thermoviscous acoustic FEA solution using a two-dimensional geometry designed to
be representative of a pore. The accuracy of the approximation depends on the
length scales of the foam compared to the thermal and viscous boundary layers of the
surrounding fluid. In particular, there are a few lengths that should be considered.
The approximation cannot accurately predict interactions of overlapping boundary
layers; therefore the radius of a pore should be much greater than the boundary layer
thickness. The approximation is also derived based on a velocity and pressure profile
over an infinite flat plate. In a foam, there are curved and finite surfaces in which the
velocity profile will differ from the velocity profile derived for the infinite flat plate.
For example, as shown in Figure 5·8, the tangential velocity profile is uniform over
an infinite plate, which is not true in general for other surfaces. However, there are
regimes in which the boundary layers become so insignificant such that assuming an
infinite flat plate velocity profile leads to a very accurate estimate for absorption,
despite the geometry difference.
Figure 5·8: Schematic of spatial dependence of tangential velocity
boundary layers over different surface geometries.
Consider the velocity boundary layer surrounding a circular cross section having
similar dimensions as a metal foam strut, shown in Figure 5·9. In Figure 5·9 (a), the
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radius is 1 mm and the frequency is 100 Hz. The velocity boundary layer comparison
for the infinite plate and the numerical solution in Figure 5·9 (b) shows quite good
agreement. As frequency increases, the boundary layer thickness decreases and the
agreement is expected to improve. This observation, which is crucial for the use of




Figure 5·9: (a) Velocity profile at 100 Hz (normalized to mean field
velocity) over a circle of radius equal to 1 mm and (b) comparison to
the velocity profile over an infinite flat plate (plotted along dashed line
in (a)).
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Recall that there is no damping in the FEA solution using the boundary layer
loss approximation. To calculate the absorbed power, the fluid damping proper-
ties are taken into account later using the pressure and velocity fields found from
the undamped FEA solution. Thus the absorbed and incident power are computed
semi-independently (the phase of the reflection coefficient is not known by this com-
putation, only the magnitude).
Figure 5·10: Two-dimensional mesh representing the cross section of
a single pore.
Consider the geometry in Figure 5·10, which is based on the microstructure from
Figure 5·1. There are cross sectional shapes that appear triangular and larger shapes
which represent different cross sections of foam struts and nodes. This model is de-
signed to capture the geometry, length scales, and boundary layer effects surrounding
a single pore in the foam with a simplified two-dimensional model while not having
the computational expense of a complex, three-dimensional unit cell models such as
a tetradecahedron. Average measurements of strut thickness (side length of trian-
gular cross section) and pore radius were measured from micro-CT images of a 40
PPI foam. The averages yielded a strut side length of s = 0.53 mm and pore radius
rp = 1.5 mm.
For this model, the pore has also been assumed motionless. For use of this ap-
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proximation with flexible foam, the frame and void region around the frame both
need to be included in the mesh and a full structural acoustic FEA solution will need
to be computed. The losses in this case can also be due to structural damping due
to vibration of the foam.
Figure 5·11: Absorption coefficient versus frequency for the single
pore cross section model.
This example considers losses that occur only over interior geometry features, not
along outer edges. The absorption is computed assuming a rigidly backed layer with
an incident pressure source. Computations are made in COMSOL, using both the
pressure acoustics module coupled with the boundary layer loss approximation and
also the thermoviscous acoustics module. In the thermoviscous computations, the
linearized Navier-Stokes equations are solved in the frequency domain, taking into
account boundary layer effects in the acoustic analysis as a single step. However,
this means the mesh must adequately resolve the boundary layer (typically at least
10 elements over the boundary layer). The fine mesh around the inner surfaces, as
shown in Figure 5·10, is the mesh used for the thermoviscous analysis. The boundary
layer loss approximation does not require such a fine mesh. Additionally there are
less degrees of freedom per node because temperature is not being computed. This
147
results in significantly less computation time. The results for absorption coefficient
versus frequency are shown in Figure 5·11. The computation time was decreased
from 28 minutes, 56 seconds to 29 seconds (on a desktop with 16 GB RAM for 60
frequencies) by using the approximation.
Figure 5·12: Absolute error versus frequency for the single pore cross
section model.
The absorption coefficient for the single pore model is relatively low, less than 0.06
over the entire frequency range. The absolute error in absorption coefficient for the
approximate and thermoviscous simulation is plotted in Figure 5·12. Over the entire
frequency range, the absolute error never exceeds 0.003 which indicates significantly
high accuracy considering that the absorption coefficient scales from 0 to 1.
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Figure 5·13: Percent error for the single pore cross section model.
To look at regimes in which the approximation is accurate, two non-dimensional
parameters can be formed. Both the viscous and thermal boundary layers could be
considered. For this case, since both boundary layers are nearly identical in magni-
tude, only the viscous boundary layer will be used. The non-dimensional numbers




) and the strut side




). These are similar to the “acous-
tic” Reynolds number used by others [92]. In Figure 5·13, the percent error between
the approximate and thermoviscous simulation is plotted. The percent is calculated
as the absolute value of the difference divided by the thermoviscous absorption at
each frequency. The plots indicate that the approximation should not be used when
the length scales of the foam are less than or equal to the size of the boundary layer
(greater than 40 % error is observed). When the pore size and strut size become
large, the percent error continues to diminish and as a result of the approximation,
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the percent error fluctuates around and below 5%.
5.1.5 Conclusion
The method presented in this section utilized high fidelity models of metallic foam
constructed using micro-CT scans to estimate acoustic absorption based on boundary
layer theory. The analysis is valid for regimes in which the boundary layer is small
compared to foam geometry. The results showed that for low relative density open-cell
metallic foams in air, viscous effects dominate over thermal effects from approximately
1.5 to 6 kHz. Decreasing pore size and increasing relative density yielded superior
absorption. Finally, a two-dimensional geometry was presented which elucidated
accuracy of the method by comparison to a complete thermo-viscous acoustic finite
element solution.
5.2 Approximations for Acoustic Absorption using Viscous
and Thermal Boundary Layers modeled as Acoustic
Boundary Conditions
In this section, a method for estimating acoustic absorption in porous materials is
presented in which the thermal and viscous boundary layers are modeled through
boundary conditions to the Helmholtz equation for the acoustic pressure. The method
is proposed for rigid-framed porous materials, where vibration of the frame is neg-
ligible compared to pressure fluctuations in air. The method reduces computation
times by two orders of magnitude compared to a full thermoviscous acoustic solver.
Furthermore, the method is shown to be highly accurate over geometrical features
and frequencies of interest, as long as thermal and viscous boundary layers do not
overlap and the effects of sharp changes in curvature are negligible. The method is
demonstrated for a periodic sound absorber from the literature as well as a sound
absorber with a randomly graded microstructure.
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5.2.1 Introduction
In addition to conducting experiments, it is important to be able to predict acoustic
absorption of porous materials for design and optimization. In this section, a method
for estimating acoustic absorption for rigid-framed porous materials is presented that
utilizes a recently derived model [97], in which visco-thermal losses are modeled as
a boundary condition of the Helmholtz equation for the acoustic pressure. This
method is compared to existing methods, including a thermoviscous model based on
the linearized Navier-Stokes equations, a fluid-equivalent homogenization model, and
another approximate method utilizing a Helmholtz solver with losses approximated
by pressure and velocity profiles over an infinite flat plate [84]. The proposed method
is advantageous for porous materials with random or graded microstructures, where
homogenization techniques are difficult and complete thermoviscous solutions are
computationally expensive.
Additionally, in this work a detailed analysis of a two-dimensional fibrous material
is presented. The accuracy of the method is analyzed for a representative periodic
model from the literature over geometrical features of interest that include effects of
curvature and pore spacing. Furthermore, the method is validated for a randomly
generated two dimensional porous material with graded features. For one represen-
tative material, the proposed method had an average error in absorption coefficient
(compared with a full thermoviscous computation) of 0.03 from 0.5 to 10 kHz, where
the average absorption was 0.48. The method reduced computational time by two
orders of magnitude as a result of having fewer degrees of freedom and less strict
mesh refinement requirements.
A number of empirical and semi-phenomenological models have been developed
for predicting sound absorption in porous materials. An excellent textbook was writ-
ten by Allard and Atalla [20] which includes modeling methods for rigid and elastic
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frame porous materials, multilayered absorbers and coupling, and poroelastic finite
element methods. A popular empirical model for fibrous materials is the Delaney-
Bazley model [72], which relies heavily on the measurement of static airflow resistivity
for predicting acoustic performance. Miki [98] proposed modified expressions to the
Delaney-Bazley model in order to preserve positive real surface impedance at low
frequencies.
Semi-phenomenological models use effective microstructure properties of the
porous material as well as the fluid properties to predict acoustical indicators. For
example, a model by Kosten and Zwikker was derived for cylindrical pores [77]. For
this geometry, the flow resitivity can be written analytically in terms of the radius,
porosity, and viscosity of the fluid. Kosten and Zwikker derived an effective complex,
frequency dependent density which took into account the viscous effects and an ef-
fective complex, frequency dependent bulk modulus which took into account thermal
effects. For more complex geometries, models such as the Johnson-Champoux-Allard
(JCA) [44], [45] model can be used, where the microstructure parameters used in
this model are porosity, flow resitivity, tortuosity, viscous characteristic length, and
thermal characterstic length. For a real porous material, use of the JCA model re-
quires determination of these five intermediate variables. This usually requires use
of specialized experimental techniques or numerical techniques based on a represen-
tative unit cell determined by statistical analysis. An example of this is a unit cell
reconstruction of a metallic foam [89].
A complete thermoviscous acoustic finite element analysis of a three dimensional
porous material based on the linearized compressible Navier-Stokes equations can be
used to compute acoustic absorption. However, for many materials the model can be
computationally intensive due to the large number of degrees of freedom (pressure,
temperature, and velocity components) as well as the fine mesh required to resolve the
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sharp gradients in temperature and velocity that occur near fluid-solid interfaces due
to the thermal and viscous boundary layers. Additionally, there are porous materials
for which it is difficult to determine or utilize effective microstructure properties,
due to random or graded microstructure. For these cases, it is possible to estimate
thermal and viscous losses using a Helmholtz acoustic finite element model despite
not having the boundary layer physics in the mesh modeled.
One method to accomplish this is to assume boundary layer profiles everywhere
in the geometry that are derived based on the boundary layer solutions for a fluid
oscillating over a flat, infinite plate [84]. This method has been used to predict
acoustic absorption in resonators [94] and metallic foams [46] for frequency regimes
where the boundary layers do not overlap. Bossart [99] proposed an impedance-
like boundary condition that required an initial guess and iteration post-processing
scheme to converge. Additionally, Berggren [97] derived boundary condition terms
that included both viscous and thermal effects that can be implemented without
need for initial guess. This method has been used to compute acoustic absorption
for resonators [100], however to the authors’ knowledge this method has not been
investigated for porous materials. Pierce [101] derived a similar acoustic boundary
condition based on vorticity and entropy mode fields (see equation 10-4.12). Further
approximate methods for modeling acoustic and thermal effects using finite element
or boundary element methods are summarized in Chapter 2 of Nijhof [102].
The remaining sections are organized as follows. In Section 5.2.2, several meth-
ods for estimating acoustic absorption in porous materials are described including
the proposed method. In Section 5.2.3, results are presented which compare pre-
dicted absorption trends for all methods discussed for a 2 dimensional representative
porous material from the literature. The computational efficiency and accuracy of
the proposed method are described in detail. Additionally in Section 5.2.3, acoustic
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absorption is discussed for a randomly generated porous material which includes a
graded microstructure. Such a material would be difficult to analyze using existing
methods. The acoustic solution fields as well as boundary layer thickness relative to
geometry is considered in Section 5.2.5 and the chapter is concluded in Section 5.2.6.
5.2.2 Methods of predicting acoustic absorption
Predicting the acoustic absorption of a porous material is important for proper ma-
terial selection or material design and optimization in noise reduction applications.
In this section, a method for estimating acoustic absorption based on viscous and
thermal boundary layers modeled as boundary conditions is proposed and compared
to several established methods. For the porous materials considered in this work, it
is assumed the acoustic wavelength is long compared to pore sizes and the acoustic
excitation is linear. For these materials, the acoustic losses come from viscous and
thermal losses that occur in boundary layers surrounding the air and material surface.
Absorption that occurs in the bulk of the fluid is negligible compared to boundary
layer losses.
Johnson-Champoux-Allard model
The Johnson-Champoux-Allard [JCA] model [44], [45] is a well-known acoustic
model for rigid-framed porous materials. A description of the JCA model including
the implemented equations has been given previously in Section 3.1.3. Use of the
JCA model for a real porous material requires determination of the five microstruc-
ture parameters of the material. This may require 1) statistical analysis and study
of microstructure to determine representative pores, 2) experimental measurements,
and/or 3) numerical computations on representative pores.
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Thermoviscous acoustic finite element model
An alternative method for estimating absorption is to use the actual geometry
of the material in a finite element model rather than homogenize the medium. This
is advantageous if, for example, the geometry is known or can be obtained from
techniques such as micro-computed tomography. Numerical solutions of the linearized
Navier-Stokes equations in the frequency domain can be used together with a no-slip
and iso-thermal boundary conditions along the surface of the material that is in
contact with air. This is shown schematically for a fibrous material in Fig. 5·14 (b).
For this simulation, the losses are localized close to the boundaries, thus the mesh
must resolve the sharp gradients within the thin boundary layers.
This simulation is meant to model a plane acoustic wave incident upon a semi-
infinite porous absorbing layer that is rigidly backed. Symmetry boundary conditions
are prescribed along lateral boundaries of the layer. One end of the layer is prescribed
with zero normal acoustic force (rigid), while the other end of the layer is prescribed
with a uniform acoustic force, modeling an incident plane wave. The effect of any
heat flow across the incident surface into the bulk medium is also assumed to be
insignificant since the heat losses occur locally due to thermal boundary layers. The
absorption is computed by first calculating the ratio of total pressure to velocity
at the incident surface (surface impedance). Then Equations (5) and (6) can be
used. For three dimensional simulations at high frequencies, this method can become
computationally infeasible due to the need for a fine mesh in the vicinity of the
boundary in addition to a large number of degrees of freedom per node. The following
two subsections describe approximate methods for estimating acoustic absorption






Figure 5·14: Summary of methods for computing acoustic absorp-
tion including (a) Johnson-Champoux-Allard model, (b) thermoviscous
acoustic analysis, (c) Helmholtz acoustic analysis with rigid boundary
conditions, and (d) Helmholtz acoustic analysis with viscous and ther-
mal boundary layers modeled as boundary conditions.
156
Helmholtz finite element models
Helmholtz post-processing method If the boundary layer thickness is small com-
pared to local geometry features, then velocity and temperature profiles in the bulk
of the fluid are nearly unaffected by the velocity and temperature changes due to the
boundary layer. This means that a Helmholtz solver can adequately predict the pres-
sure and velocity profiles in the bulk of the fluid. For a finite element implementation
as in Fig. 5·14 (c), the surfaces of the porous material are prescribed to be rigid.
A method proposed by Searby [84] uses this idea to compute viscous and thermal
losses using analytical solutions for boundary layer profiles over a flat, infinite plate.
This method has been discussed in depth in Section 5.1.
Proposed method In this subsection, a method for computing acoustic absorption
is proposed using a Helmholtz solver in which the visco-thermal losses are modeled
through a boundary condition. The basis of this method is the construction of a power
absorbing boundary condition which replaces the boundary layer. In a previous work,














The thermal and viscous boundary layer thicknesses are δT =
√
2D/ω and δV =√
2ν/ω. Additionally, ∆T is the sum of the second order spatial derivatives in the
tangential direction. For a porous material, this boundary condition is prescribed
along the surfaces in contact with air, shown schematically in Figure 5·14 (d). In this
method, the losses are introduced in the finite element model through this boundary
condition and not as a second post-processing step.
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5.2.3 Results for a 2D fibrous sound absorbing material
In this section, first the proposed method is compared to the three other previously
described methods for a representative periodic fibrous material. Secondly, the pro-
posed method is implemented for a randomly generated graded microstructure. For
the simulation results presented in this section, the commercial software COMSOL
v5.4 was used. To implement the boundary condition in equation 5.13, a weak con-
tribution was used in the weak form PDE interface. For the Helmholtz solution
and Searby postproccessing calculations, the Pressure Acoustics interface was used.
Lastly, the Thermoviscous Acoustics interface was used for the full linearized Navier-
Stokes solution.
5.2.4 Periodic array of fibers
An ideal fibrous sound absorbing material can be modeled as a hexagonal array of
cylinders, with radius r and spacing w as indicated in Figure 5·15. This arrangement
has been studied extensively in the literature [2] and will be used as a benchmark
case for comparison. For r = 200 µm, w = 200 µm, the five microstructure parameters
are [2] φ = 0.74, σ = 3757 Ns/m4, α∞ = 1.14, Λ = 332 µm, and Λ
′ = 569 µm.
Figure 5·15: Perriodic unit cell from the literature [2].
For a porous layer of thickness L = 16 mm, the acoustic absorption was com-
puted using the JCA model, the thermoviscous acoustic solution, the Helmholtz
post-processing method, and the proposed method.
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The results for the normal incidence absorption coefficient are shown in Figure
5·16 for all methods. The thermoviscous solution is taken as the true solution, since
the geometry is accurately modeled and the mesh is resolved with 10 elements across
the boundary layer thickness. In Figure 5·16 it is clear that the Searby method is the
most inaccurate, and the Berggren method is the most accurate. Additionally, there
is some intermediate error between the JCA model and the thermoviscous solution.
This may be attributed to the fact that for a sample of finite thickness, the array of
fibers may be cut off at some non-integer multiple of the repeated pattern, thus it is




Figure 5·16: (a) Normal incidence absorption coefficient and (b) ab-
solute error with thermoviscous result for a periodic array of fibers with
r = 200 µm, w = 200 µm, and L = 16 mm.
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To examine the accuracy of the proposed method as well as the Helmholtz post-
processing method, 91 models were generated with varying radius and spacing (vary-
ing from 100 µm− 300 µm. The error metric used was a frequency-averaged absolute




Figure 5·17: Frequency-averaged absolute error in absorption coef-
ficient from the thermoviscous solution for (a) thermal and viscous
boundary layers as acoustic boundary conditions (b) rigid boundary
conditions.
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Both approximate methods neglect effects of curvature as well as overlapping
boundary layers. These effects are looked at in depth through varying radius and
spacing, respectively. It can be seen in Fig. 5·17 (a) that the proposed method is
quite accurate for both changes in radius and spacing. Even for the smallest and
most tightly packed configuration (r = 100 µm, w = 100 µm), the frequency-averaged
absolute error is 0.03. For Fig. 5·17 (b), it is interesting to note that the Helmholtz
post-processing method appears insensitive to changes in radius. Furthermore, it is
nearly an order of magnitude less accurate, especially at smaller spacing.
A significant advantage of the proposed method is the computational efficiency
compared to a full thermoviscous solution. For example, for r = 100 µm and
w = 100 µm on a desktop computer with 16 GB of RAM, the model for the proposed
method had 31,175 DOFs and solved in 5 seconds for 20 frequencies. In contrast,
the thermoviscous solution had approximately 1.8 million DOFs, which resulted from
a refined mesh of 10 elements across the boundary layer thickness near the surface,
as well as an increased number of solution variables (pressure, velocity, and tem-
perature). The solution time was 12 minutes and 21 seconds (for 20 frequencies).
Thus even for a fairly simple 2 dimensional model, a complete thermoviscous solution
quickly becomes computationally expensive. For this model, the average error in ab-
sorption coefficient (compared with a thermoviscous computation) was 0.03 (see Fig.
5·17 (a)) from 0.5 to 10 kHz and the average absorption was 0.48.
Random array of fibers
The proposed method is also highly advantageous for materials with randomized or
graded microstructure, where homogenization models are difficult to implement and
a complete thermoviscous solution is expensive. To demonstrate this, a randomized
array of fibers was generated as shown in Fig. 5·18. The structure was generated by
163
placing fibers in random positions with a minimum allowable spacing of w = 100 µm.
The fiber radius was linearly varied along the length from r = 300− 100 µm from left
to right. This nonhomegeneous composition allows for two non-symmetric directions
of incidence (left to right and right to left), marked 1 and 2 in Fig. 5·18.
Figure 5·18: Randomly generated material with gradually decreasing
fiber radius across the length. Minimum allowable fiber spacing of
w = 100 µm. Two directions of incidence are marked 1) left to right,
and 2) right to left)
The proposed Berggren method was implemented on the random structure, and
the results are shown in Figure 5·19. For both directions, the frequency-averaged
absolute error is less than 0.025, and the frequency-averaged absorption is near 0.5.
It is interesting to note that the absorption is directionally dependent. This result
suggests that this method may be used to optimize or tune the microstructure to




Figure 5·19: (a) Normal incidence absorption coefficient and (b) ab-




As seen in the previous section, the accuracy of the proposed method is a function
of the geometry structure, since the effects of curvature and overlapping boundry
layers are not taken into account. To determine implications of these geometrical
features, it is appropriate to compare them to the length scales of the viscous and
thermal boundary layers. Consider the ratio of the width spacing w to the viscous
boundary layer thickness. When this ratio is 2:1, the boundary layers of two opposite
surfaces spaced w apart will be at the point of nearly overlapping. Therefore, for
the proposed method to have higher accuracy, this ratio should be greater than 2:1.
Fig. 5·20 shows a contour of the ratio of length scale to boundary layer thickness
over the lengths and frequencies of interest studied in this work. Since the boundary
layer thicknesses are functions of frequency, this non dimensional ratio increases with
increasing frequency. From Fig. 5·20, it is clear that at higher frequency and larger
length scales, the ratio is maximized. This trend in the color contour resembles the
trend in Fig. 5·17, where the error is also minimized with increase in length scales.
Fig. 5·20 also applies for considering curvature in the geometry, since the effects
of curvature are not accounted for in the derivation of the boundary condition. Fur-
thermore, since the thickness of the thermal boundary layer in air is nearly the same
as the viscous boundary layer, the same reasoning as previously described applies for
overlapping thermal effects.
166
Figure 5·20: Contour of non-dimensional ratio of length scale to vis-
cous boundary layer thickness.
To qualitatively examine the accuracy of the proposed method in further detail,
the solution profiles for pressure and velocity at 5 kHz are plotted in Fig. 5·21 for
the model with with r = 300 µm and w = 300 µm. The direction of incidence for all
models is left to right (applied pressure on the left and rigidly backed on the right).
The steady state solution is a standing wave profile in the layer of the material. It
can be seen that for Fig. 5·21 (a)-(d), the solution fields for the proposed method
match well with the thermoviscous solution. However, the Helmholtz solution, which







Figure 5·21: Acoustic fields at 5 kHz (a) real pressure, (b) real veloc-
ity, (c) imaginary pressure, and (d) imaginary velocity for a a periodic
array of fibers with r = 300 µm, w = 300 µm
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Recall that there is no damping inherent in the Helmholtz solution. This results
in a zero imaginary pressure in the standing wave for a real prescribed pressure and
rigid backing, because all the reflected pressure is in phase with the incident. For
the same reasoning, there is zero real velocity for the Helmholtz solution. The real
pressure and imaginary velocity fields are correct in mode shape but off in order of
magnitude. This indicates that the geometry of the model is such that out of phase
components are significantly altering the bulk solution field.
This is not true for all geometries. Consider the same periodic structure with







Figure 5·22: Acoustic fields at 5 kHz (a) real pressure, (b) real veloc-
ity, (c) imaginary pressure, and (d) imaginary velocity for a a periodic
array of fibers with r = 100 µm, w = 600 µm
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Here, the Helmholtz solution shows improvement compared to the thermoviscous
solution for both real pressure and imaginary velocity. This is due to the large increase
in spacing w and is similar to trends predicted in Figure 5·17 (b), where error decreases
significantly with increasing spacing. The solution fields predicted by the proposed
method (Berggren) appear correct in terms of pressure. For velocity, there is a larger
discrepancy locally in the field surrounding the fibers. This confirms that the accuracy
of the method is dependent on curvature, a trend seen also in Figure 5·17 (a).
5.2.6 Conclusion
In this section, a method for estimating acoustic absorption in porous materials is
presented in which visco-thermal losses are modeled as a boundary condition of the
Helmholtz equation for the acoustic pressure. The proposed method was shown to
have high accuracy and decreased computational time by more than two orders of
magnitude compared to a full thermoviscous acoustic solver. Additionally, the pro-
posed method is advantageous for modeling highly randomized or graded microstruc-
tures that can be difficult the model with existing methods. Implications of geometri-
cal assumptions such as non-overlapping boundary layers and curvature are analyzed
numerically and discussed, providing guidelines for use of the proposed method.
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Chapter 6
Summary and Future Work
This chapter serves as an overall summary of this thesis and discussion of concepts
for future work. The reader should refer to each individual chapter’s conclusion
subsection for more detailed commentary. In Section 6.1, the significance of each
chapter is summarized in terms of listing the research accomplishments associated
with each chapter. In Section 6.2, a summary of potential future work is listed as it
pertains to each chapter.
6.1 Summary of Novelty and Significance
In this section, the novelty and significance of this thesis is presented in an itemized
list corresponding to each chapter.
6.1.1 Bulk Mechanical Properties of Open-cell Metallic Foams (Chapter
2)
• Foam microstructures were digitally designed using computer graphics algor-
thims and imported into finite element analysis software to determine effective
bulk mechanical properties. Resulting properties showed order of magnitude
agreement with published scaling laws, however higher accuracy was achieved
by inclusion of additional terms in a quadratic fit for relative density.
• Five separate commercially available metallic foams with varying porosity, pore
size, and host metal were analyzed structurally using high fidelity meshes cre-
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ated from micro-CT scans. The analysis highlighted the importance of foam
microstructure that results from manufacturing processes including strut den-
sity (hollow versus solid) as well as pore elongation from gravity.
6.1.2 Acoustic and Bulk Mechanical Properties of Metallic Foams after
Triaxial Hydrostatic Compression (Chapter 3)
• A method of triaxial compression of metallic foams was presented which utilized
hydrostatic pressure to preferentially alter the microstructure.
• Due to the unique microstructure of the compressed samples, a significant im-
provement in sound absorption coefficient was seen compared to conventional
samples.
• Compressed foams were tested structurally using a load frame and digital im-
age correlation. Compared to conventional foams, compressed foams exhibited
higher compliance, higher toughness, and a reduced Poisson ratio.
6.1.3 Acoustic Absorption and Vibration Damping by Saturated Metallic
Foam (Chapter 4)
• A composite foam consisting of a metallic foam embedded with a polyurethane
foam was fabricated to leverage the high stiffness and high absorption proper-
ties of the metal and polyurethane, respectively. Sound absorption was modeled
using a lumped parameter model. Experimental results indicated that the com-
posite foam had significantly higher sound absorption that the conventional
metallic foam.
• Metallic foams saturated with viscous liquids were tested experimentally to
measure damping. The best performing material was a metallic foam saturated
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with petroleum jelly, with an increase in damping ratio from 0.006 to 0.07 for
a transient experiment.
6.1.4 Estimating Acoustic Absorption in Foams Using Finite Element
Analysis and Boundary Layer Theory (Chapter 5)
• A method for estimating acoustic absorption in metallic foams was proposed
and demonstrated. It used high fidelity models of the air region within the
pores constructed from micro-CT scans. The method incorporated boundary
layer theory solutions over an infinite flat plate with a lossless Helmholtz solver.
• A second method for estimating acoustic absorption in metallic foams was pro-
posed using thermal and viscous boundary layers modeled as acoustic boundary
conditions in a lossless Helmholtz solver. This second method is recommended
due to higher accuracy for models with the same geometrical features. However,
the second method can be more difficult to implement in existing commercially
available software.
6.2 Future Work
Throughout the coarse of this work, many ideas have sparked from conversations with
my advisor, collaborators, and lab mates. For those ideas that I have been unable to
pursue, but still may have some merit, a comprehensive list is presented below as it
corresponds to each respective chapter.
6.2.1 Bulk Mechanical Properties of Open-cell Metallic Foams (Chapter
2)
• Extensions of finite element analysis of commercial foams to include foams with
a filler material.
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6.2.2 Acoustic and Bulk Mechanical Properties of Metallic Foams after
Triaxial Hydrostatic Compression (Chapter 3)
• Plastic deformation of foams to higher compression ratios (greater than two) in
order to determine optimal compression ratio to maximize sound absorption.
• Further investigation of structural properties as a function of compression ratio.
Investigation of the applicability of Gibson scaling laws for compressed foams.
• Further investigation into the the relative importance of geometry versus plastic
deformation as a mechanism for inducing negative Poisson ratio materials.
6.2.3 Acoustic Absorption and Vibration Damping by Saturated Metallic
Foam (Chapter 4)
• Additional measurements of fluid saturated metallic foams to determine the
damping ratio as a function of frequency.
• Analysis and experiments of vibration damping of metallic foams saturated with
viscoelastic materials such as rubber.
• Analysis and experiments measuring acoustic absorption of fluid saturated
metallic foams in water.
6.2.4 Estimating Acoustic Absorption in Foams Using Finite Element
Analysis and Boundary Layer Theory (Chapter 5)
• Investigations into optimizing a microstructure for specific surface area.
• Investigations into applicability of the proposed approximate methods for flexi-
ble foams. This would involve a fluid-structure interaction problem which would
be able to capture structural damping as well and viscous and thermal boundary
layer losses.
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• Use of the derived [thermal and viscous boundary layer] boundary condition
equations for a general fluid-structure interaction problem. For example, for
a nano-scale beam vibrating in air, nearly all the energy is dissipated due to
viscosity (negligible radiation and thermal losses). Is it possible to write the
viscous equation in terms of structural degrees of freedom which would then
simplify the fluid-structure interaction to merely a separate boundary condition
(no need to mesh or model the air).
Bibliography
[1] N. Dukhan, Metal Foams: Fundamentals and Applications, DEStech Publica-
tions, Inc, 2013.
[2] C. Perrot, F. Chevillotte, R. Panneton, Bottom-up approach for microstruc-
ture optimization of sound absorbing materials, The Journal of the Acoustical
Society of America 124 (2) (2008) 940–948.
[3] J. Banhart, Manufacture, characterisation and application of cellular metals
and metal foams, Progress in Materials Science 46 (6) (2001) 559–632.
[4] M. F. Ashby, A. Evans, N. Fleck, L. Gibson, J. Hutchinson, H. Wadley, F. De-
lale, Metal foams: a design guide, Applied Mechanics Reviews 54 (6) (2001)
B105–B106.
[5] L. J. Gibson, M. F. Ashby, Cellular Solids: Structure and Properties, Cambridge
University Press, 1999.
[6] V. Deshpande, M. Ashby, N. Fleck, Foam topology: bending versus stretching
dominated architectures, Acta Materialia 49 (6) (2001) 1035–1040.
[7] H. Zhu, J. Knott, N. Mills, Analysis of the elastic properties of open-cell foams
with tetrakaidecahedral cells, Journal of the Mechanics and Physics of Solids
45 (3) (1997) 319–343.
[8] C. Chen, R. Lakes, Holographic study of conventional and negative Poisson’s ra-
tio metallic foams: elasticity, yield and micro-deformation, Journal of Materials
Science 26 (20) (1991) 5397–5402.
[9] J. Choi, R. Lakes, Non-linear properties of metallic cellular materials with a
negative Poisson’s ratio, Journal of Materials Science 27 (19) (1992) 5375–5381.
[10] R. Lakes, Foam structures with a negative Poisson’s ratio, Science 235 (1987)
1038–1041.
[11] K. Evans, Tailoring the negative Poisson’s ratio, Chemical Industry 20 (1990)
654.
[12] C. Kosten, C. Zwikker, Properties of sponge rubber as a material for damping
vibration and shock, Rubber Chemistry and Technology 12 (1) (1939) 105–111.
178
179
[13] A. Gent, K. Rusch, Viscoelastic behavior of open-cell foams, in: Cellular plas-
tics: proceedings of a conference, Natick, Massachusetts, April 13-15, 1966, no.
1462, National Academies, 1967, p. 42.
[14] N. Hilyard, S. Kanakkanatt, The dynamic mechanical behaviour of liquid-filled
foams, Journal of Physics D: Applied Physics 3 (6) (1970) 906.
[15] W. Xu, C. Jiang, J. Zhang, Improvement in underwater acoustic absorption
performance of open-celled sic foam, Colloids and Surfaces A: Physicochemical
and Engineering Aspects 482 (2015) 568–574.
[16] X. Wang, Porous metal absorbers for underwater sound, The Journal of the
Acoustical Society of America 122 (5) (2007) 2626–2635.
[17] H. Cheng, F. Han, Compressive behavior and energy absorbing characteristic
of open cell aluminum foam filled with silicate rubber, Scripta Materialia 49 (6)
(2003) 583–586.
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N. Amirouche, F. Pompoli, N. Prodi, P. Bonfiglio, et al., Reproducibility exper-
iments on measuring acoustical properties of rigid-frame porous media (round-
robin tests), The Journal of the Acoustical Society of America 122 (1) (2007)
345–353.
[67] T. E. Vigran, L. Kelders, W. Lauriks, P. Leclaire, T. Johansen, Prediction and
measurements of the influence of boundary conditions in a standing wave tube,
Acta Acustica United with Acustica 83 (3) (1997) 419–423.
[68] C. Kosten, J. Janssen, Acoustic properties of flexible and porous materials,
Acta Acustica United with Acustica 7 (6) (1957) 372–378.
[69] M. A. Biot, Theory of propagation of elastic waves in a fluid-saturated porous
solid. I. low-frequency range, The Journal of the Acoustical Society of America
28 (2) (1956) 168–178.
[70] M. Biot, D. Willis, The elastic coefficients of the theory of consolidation, Journal
of Applied Mechanics 24 (1957) 594–601.
[71] M. A. Biot, Generalized theory of acoustic propagation in porous dissipative
media, The Journal of the Acoustical Society of America 34 (9A) (1962) 1254–
1264.
[72] M. Delany, E. Bazley, Acoustical properties of fibrous absorbent materials, Ap-
plied Acoustics 3 (2) (1970) 105–116.
[73] M. Brennan, W. To, Acoustic properties of rigid-frame porous materials – an
engineering perspective, Applied Acoustics 62 (7) (2001) 793–811.
[74] Y. Yang, B. Li, Z. Chen, N. Sui, Z. Chen, M.-U. Saeed, Y. Li, R. Fu, C. Wu,
Y. Jing, Acoustic properties of glass fiber assembly-filled honeycomb sandwich
panels, Composites Part B: Engineering 96 (2016) 281–286.
184
[75] H. Jiang, Y. Wang, Phononic glass: A robust acoustic-absorption material, The
Journal of the Acoustical Society of America 132 (2) (2012) 694–699.
[76] X. Olny, C. Boutin, Acoustic wave propagation in double porosity media, The
Journal of the Acoustical Society of America 114 (1) (2003) 73–89.
[77] C. Zwikker, C. W. Kosten, Sound Absorbing Materials, Elsevier, 1949.
[78] K. V. Horoshenkov, A. Hurrell, J.-P. Groby, A three-parameter analytical model
for the acoustical properties of porous media, The Journal of the Acoustical
Society of America 145 (4) (2019) 2512–2517.
[79] F. Scheffler, R. Herrmann, W. Schwieger, M. Scheffler, Preparation and proper-
ties of an electrically heatable aluminium foam/zeolite composite, Microporous
and Mesoporous Materials 67 (1) (2004) 53–59.
[80] W. Patten, S. Sha, C. Mo, A vibrational model of open celled polyurethane
foam automotive seat cushions, Journal of Sound and Vibration 217 (1) (1998)
145–161.
[81] M. Bianchi, F. Scarpa, Vibration transmissibility and damping behaviour for
auxetic and conventional foams under linear and nonlinear regimes, Smart Ma-
terials and Structures 22 (8) (2013) 084010.
[82] P. Göransson, Acoustic and vibrational damping in porous solids, Philosophical
Transactions of the Royal Society A: Mathematical, Physical and Engineering
Sciences 364 (1838) (2006) 89–108.
[83] S. R. Singiresu, Mechanical vibrations, Addison Wesley, 1995.
[84] G. Searby, M. Habiballah, A. Nicole, E. Laroche, Prediction of the efficiency
of acoustic damping cavities, Journal of Propulsion and Power 24 (3) (2008)
516–523.
[85] R. F. Lambert, A study of the factors influencing the damping of an acoustical
cavity resonator, The Journal of the Acoustical Society of America 25 (6) (1953)
1068–1083.
[86] M. N. Vouvakis, K. Zhao, J.-F. Lee, Finite-element analysis of infinite periodic
structures with nonmatching triangulations, IEEE Transactions on Magnetics
42 (4) (2006) 691–694.
[87] N. Michailidis, F. Stergioudi, H. Omar, D. Tsipas, An image-based reconstruc-
tion of the 3D geometry of an Al open-cell foam and FEM modeling of the
material response, Mechanics of Materials 42 (2) (2010) 142–147.
185
[88] I. Jeon, T. Asahina, K.-J. Kang, S. Im, T. J. Lu, Finite element simulation of the
plastic collapse of closed-cell aluminum foams with x-ray computed tomography,
Mechanics of Materials 42 (3) (2010) 227–236.
[89] C. Perrot, R. Panneton, X. Olny, Periodic unit cell reconstruction of porous
media: application to open-cell aluminum foams, Journal of Applied Physics
101 (11) (2007) 113538.
[90] H. Ke, Y. Donghui, H. Siyuan, H. Deping, Acoustic absorption properties of
open-cell Al alloy foams with graded pore size, Journal of Physics D: Applied
Physics 44 (36) (2011) 365405.
[91] F. Chevillotte, C. Perrot, R. Panneton, Microstructure based model for sound
absorption predictions of perforated closed-cell metallic foams, The Journal of
the Acoustical Society of America 128 (4) (2010) 1766–1776.
[92] X. Wang, T. J. Lu, Optimized acoustic properties of cellular solids, The Journal
of the Acoustical Society of America 106 (2) (1999) 756–765.
[93] T. J. Lu, F. Chen, D. He, Sound absorption of cellular metals with semiopen
cells, The Journal of the Acoustical Society of America 108 (4) (2000) 1697–
1709.
[94] F. Mbailassem, E. Gourdon, Q. Leclere, E. Redon, T. Cambonie, Sound absorp-
tion prediction of linear damped acoustic resonators using a lightweight hybrid
model, Applied Acoustics 150 (2019) 14–26.
[95] G. K. Batchelor, An Introduction to Fluid Dynamics, Cambridge University
Press, 2000.
[96] C. Guiping, H. Deping, S. Guangji, Underwater sound absorption property of
porous aluminum, Colloids and Surfaces A: Physicochemical and Engineering
Aspects 179 (2-3) (2001) 191–194.
[97] M. Berggren, A. Bernland, D. Noreland, Acoustic boundary layers as boundary
conditions, Journal of Computational Physics 371 (2018) 633–650.
[98] Y. Miki, Acoustical properties of porous materials-modifications of delany-
bazley models, Journal of the Acoustical Society of Japan (E) 11 (1) (1990)
19–24.
[99] R. Bossart, N. Joly, M. Bruneau, Hybrid numerical and analytical solutions
for acoustic boundary problems in thermo-viscous fluids, Journal of Sound and
Vibration 263 (1) (2003) 69–84.
186
[100] P. Risby Andersen, V. Cutanda Henŕıquez, L. Godinho, J.-D. Chazot, J. Car-
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